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ABSTRACT 

Analysis, design, and optimization of high performance jour
nal and thrust bearings in a high speed integrally geared com
pressor are described. The high speed and relatively small 
bearing size stretches the applicable limits of conventional style 
tilt pad bearings .  The variation in the load magnitude, as is the 
case with most gear loaded bearings, requires careful analysis of 
the stability and unbalance response characteristics . An opti
mized new flexible pivot bearing was used in this application to 
provide stable operation throughout the wide ranges of load and 
inlet temperature . The bearing incorporated a directed lubrica
tion feature to reduce the hot oil carry over which is known to be 
a major contributor to high bearing temperatures in high speed 
applications . The precision inherent in the manufacturing pro
cess used to produce this style of bearing allowed further opti
mization of the preload and pivot offset. The use of an offset 
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pivot configuration demonstrated lower sensitivity to bearing 
clearance variation. 

The necessity for high rotational speeds in integrally geared 
compressors increases the frictional power losses in the journal 
and thrust bearings. The parasitic losses constitute a significant 
percentage of the overall bearing power losses. Bearing designs 
that were utilized to reduce both the frictional and parasitic 
losses in the thrust bearings are discussed. The new thrust 
bearings were designed to provide an optimum crown-to-film 
thickness ratio allowing the bearing to carry the design thrust 
load with fewer pads. The analytical results for the conventional 
and deflection journal and thrust bearings are presented and 
compared to the test data. The new bearing resulted in lower 
steady state vibrations. At surge conditions, the synchronous 
and subsynchronous vibrations were about 25 percent of the
conventional tilt pad bearing. The frictional and parasitic power 
losses with the new thrust bearing were about 20 percent lower
than those of the conventional bearings. The temperature rise 
was also lower which indicated that the inlet temperature can be 
further increased with the new bearing allowing a wider operat
ing temperature range and lower frictional losses. 

INTRODUCTION 

The trend in integrally geared compressors is towards high 
performance and efficiency, high reliability , and lower mainte
nance. In order to achieve the high performance and aerodynam
ic efficiency in radial flow impellers, high rotating speeds are 
essential. The higher speeds and lighter shafts tend to make the 
machines more rotordynamically sensitive. The problems are 
compounded in the case of integrally geared compressors, where 
the gear drive arrangement results in an overhung impeller with 
its inherently higher aerodynamic cross coupling. This subse
quently presses the bounds of the stability limits. 

The services demanded from these compressors mandates 
robust and reliable operation at a relatively wide range of 
bearing loads and oil inlet temperatures. The aerodynamic stage 
efficiency requirements limits the axial float to a maximum of 
five mil. Therefore, reducing the power loss in the bearings is 
essential in order to maintain the high compressor stage efficien
cy. Higher speeds, increased rotor flexibility , and variations in 
the bearing gear load magnitude, coupled with the demand for 
lower frictional and parasitic losses necessitate an in depth 
bearing design and analysis process. 

The two stage integrally geared air compressor shown in 
Figure 1 was the focus of this design investigation. The com
pressor was developed using agile engineering described by 
Japikse and Olsofka [ 1 ]  and represents the state of the art in 
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Figure 1. Two Stage Integrally Geared Air Compressor. 

integrally geared compressors. The driver is a flange-mounted 
induction motor. The drive train is shown in Figure 2 and
consists of a bull gear, an intermediate gear, and the high speed 
pinion shaft carrying two overhung impellers. The maximum 
rated pinion speed is 76,500 rpm and is expected, with further
development, to reach even 20 to 30 percent higher speeds. The
high speed pinion shaft shown in Figure 3 is supported by two
combination radial thrust bearings. The bearings are of one piece 
(unsplit) configuration. 

Figure 2. C VO Gear Drive Train. 
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Figure 3. Schematic of Rotor Configuration. 
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A computer generated rotor model for the high speed pinion 
shaft is shown in Figure 4. The undamped critical speed map as 
a function of support stiffness is shown in Figure 5. The equiv
alent dynamic stiffness coefficients for the conventional five 
pad tilting pad bearing (TPB) are shown as a function of speed 
and are superimposed on the undamped critical speed map. The 
coefficients intersect the first two rigid body critical speeds and 
the first flexible mode in the sloping section of the curves. This 
ensures that there is significant motion at the bearings to help 
dampen the shaft motion as the rotor traverses the critical speeds 
when accelerating to the operating speed. The coefficients for 
the optimized four pad flexible pivot bearing (FPB) are also 
superimposed on the critical speed map as shown in Figure 5.
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Figure 4. Computer Generated Rotordynamic Model. 
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Figure 5. Undamped Critical Speed Map. 
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This bearing has an offset pivot which was chosen, as will be 
shown later, for its superior stability characteristics over a wider 
range of bearing clearances. The offset pivot configuration also 
provides higher stiffness in the bearing and helps shift the third 
mode further away from the running speed. This is later verified 
through the stability and unbalance response analysis. 

Journal Bearing Design and Analysis 

The calculations performed to determine the minimum and 
maximum clearances and preload at the extremes of the manu
facturing tolerances are shown in Table 1. The conventional
style tilt pad bearing, as shown, will have a rather wide range in 
clearance and preload. This is inherent in the design and assem
bly of these bearings that results from the stackup of the manu
facturing tolerances for the individual parts making the bearing 
assembly. This is the reason why many of these bearings very 
often have a high preload value. The high preload value is 
required to counter the negative effects of the manufacturing 
tolerances that can otherwise result in a negative preload condi
tion. Another complication that affects bearing design, and is 
characteristic of most gear loaded bearings ,  is the variation in 
the bearing load from partial load to full load conditions . This 
requires the bearing to have a wide range of stable operation 
under partial and full load conditions . ; 

In order to accentuate some of the differences between the two 
bearing styles examined in this investigation, it is essential to 
describe the manufacturing method and techniques used in 

producing the flexible pivot bearings .  These bearings are fabri
cated using wire electric discharge machining (EDM) while they 
are submerged in water during this process . The water is main
tained at a constant temperature which is typically held within 
1 °F of the room temperature, to ensure thermal stability during
the cutting process. The back of the pad and the web (pivot) are 
cut first, then the part is released to allow it to relax . The part is 
then reclamped and the final bore is cut in the last step . This 
ensures that the effect of any pad rotation is completely eliminat
ed. Since the pad and bearing shell are one piece, tolerance 
stackup is also eliminated. As shown in Figure 6, the set bore and
pad bore are cut in one operation, further reducing the manufac
turing tolerance .  The set bore and the pad machined bore are not 
independently generated, as is the case with the conventional 
style tilt pad bearings. This further reduces the resulting preload 
spread for the FPB as shown in the right column of Table 1. The
radial and thrust bearing subassemblies are shown in Figure 7.
The wire EDM machine used in the manufacture of the radial 
bearings is capable of cutting the set bore to within 0.0001 in,
which is difficult to measure even with most electronic coordi
nate measuring machines (CMM). With this manufacturing 
method, there is no need for subsequent assembly and checking, 
which can be very time consuming with conventional style 
bearings .  Note that in order to maintain a preload of 0.2, the drop
off, as shown in Figure 8, from the center of the pad to the edge 
is about 0.000213 in to 0.000493 in, which would be impossible
to achieve without the high precision and accuracy of state-of
the-art wire EDM machines .  The material between the pads is 
utilized as integral directed lubrication nozzles, and the material 
left underneath the pads provides squeeze film damping . 

Table 1. Calculation of Minimum mid Maximum Preload.

Conventional Tilt PadBearing 
Journal Diameter'"'" = 0.8198 

Journal Diameter'""= 0.8200 

Pad Set Bore'"'" = 0.8230 

Pad Set Bore'"" = 0.8238 

Pad Machined Boremm = 0.8234 

Pad Machined Bore'"" = 0.8243 

C Db-D. 
Preload = m = 1 - _...!:.. = 1 - --1 

c. Db-Di 

Preloadm1, = 1 -
Dbm3:<.-Djmin 
Dpmin-Djmin 

D -D 
= 1 _ bmln jmax 

Preload'"" 
D _ D. pmax Jmax 

m = 1 _ 0.8238-0.8198 
'"1" 

0.8234-0.8198 

mm1, = l -0.1000 I 
= 1 -

0.8230-0.8200 
mm, 

0.8243-0.8200 

mm, = 10.30231 
= 1 -

0.8234-0.8199 
m,m 0.82385-0.8199 

Flexible PivotBearing 
Journal Diameter'"'" = 0.8198 

Journal Diameter'"" = 0.8200 

Pad Set Bore'"'" = 0.8224 

Pad Set Bore'"" = 0.8228 

Pad Machined Borem1, = 0.8232 

Pad Machined Bore=, = 0.8236 

Preload'"'' = 

Preload max 

D -D dma� bmax 
D -D. pmu. Jmln 

D -D pmin bmin 
D -D. pmln JIDNX 

0.8236-0.8228 
m = mm 0.8236-0.8198 

mmlo = 10.21051 
0.8232-0.8224 

m = mu 0.8232-0.8198 

mm, = 10.23521 
0.8234-0.8226 

0.8234-0.8199 
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Figure 6. Schematic of the Flexure Pivot™ Bearing. 

Figure 7. Radial and Thrust Bearing assemblies. 

Stability Analysis 

The first three forward modes with the conventional tilt pad 
bearings at the maximum preload conditions are shown in 
Figures 9, 10, and 11, respectively . Note that, as depicted in the
undamped critical speed map, the third forward mode is around 
60,000 rpm and is below the running speed. The first forward
mode with the conventional tilt pad bearings at the minimum 
preload conditions is shown in Figure 12. Note that the logarith
mic decrement (log dec) of the first forward mode drops by about 
22 percent in comparison to the log dec at the maximum preload
conditions . The minimum preload condition is also very suscep
tible to pad flutter due to the fact that the pads can possibly 
operate with a negative preload. 

Mil.GNIFIED 

DETAIL OF PAD 

TRAILING EDGE 
.4117 PAD RADJUS 

MAGNIFIED 
Dt.TAIL Of PAD 

U:ADING EDGE 

SEE LEADING 

O:DGE DETAIL 

Figure 8. Precision Needed for Obtaining the Drop-off at the 
Leading and Trailing Edges. 

ROTORDYNAMIC MODE SHAPE PLOT 
��f�f�B �t�1�t0 �n� Iysis w/oero excitation TPB with Mox.
NAT FREQUENCY o 17 1 15. � c�m. LOG DEC o 0. 2800 
STATION 1 ORBIT FORWARD PRECESSION 

Preload 

Figure 9. First Forward Mode with the Conventional Tilt Pad 
Bearings (Maximum Preload). 

ROTORDYNAMIC MODE SHAPE PLOT 
FYZ 8/27/93 Stobi I ity Analysis w/ooro excitotim TPB with Max. Preload
SHAFT SPEED o 76300. 0 r�m 

��M��o���r �����0�cE:ss1� DEc o 0. 7 155 

Figure 10. Second Forward Mode with the Conventional Tilt 
Pad Bearings (Maximum Preload). 

The stability analysis was also performed with the flexible 
pivot bearings. The first three forward modes with a set of 
optimized four pad flexible pivot bearings are shown in Figures 
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ROTORDYNAMIC MODE SHAPE PLOT ��M����B �tts1\�t0 ��lysis w/aero excitation TPB with Max. Preload
NAT FREQUENCY o 60220. 0� c�m. LOG D£C o 0. 8119
STATION 15 ORBIT FORWARD PRECESSION 

Figure 1 1 .  Third Forward Mode with the Conventional Tilt Pad 
Bearings (Maximum Preload). 

ROTORDYNAMIC MODE SHAPE PLOT FYZ 8/27/93 Stabi I it� Analysis w/aero excitation TPB with Min. Preload
SHAFT SPEED o 76300. 0 rpm 

��M��a���r ��rAR60��ctss��� DEc 0 0. 2183

Figure 1 2. First Forward Mode with the Conventional Tilt Pad 
Bearings (Minimum Preload). 

1 3 ,  14 ,  and 1 5 ,  respectively . Note that in this case the first 
forward mode has a logarithmic decrement 30 to 50 percent 
better than that achieved with the conventional tilt pad bearing. 
The third mode is also above the running speed and is well 

ROTORDYNAMIC MODE SHAPE PLOT ���F������5 �t��j�t0 � lysis w/aero excitation Deflection Pad !Jearing
NAT FREOI.ENCY • 28478. 3� c�m. LOG DEC • 0. 3482 
STATION I ORBIT FORWA.RD PRECESSION 

Figure 1 3. First Forward Mode with the Optimized Four Pad 
Flexure Pivot Bearing. 

ROTORDYNAMIC MODE SHAPE PLOT ���F������B �ttsjMt0 ��lysis w/aero excitation Deflection Pad Bearing
NAT FREQUENCY o 36013. � cem, LOG DEC • 0. 3554 
STATION I ORBIT FORWARD PRECESSION 

Figure 1 4. Second Forward Mode with the Optimized Four Pad 
Flexure Pivot Bearing. 

ROTORDYNAMIC MODE SHAPE PLOT 
��M�����B �t��j�t0 �nolysis w/aero excitation Deflection Pad Bearing
NAT FREQUENCY • 81697. 5r c�m, LOG D£C • 2. 4896 
STATION 15 ORBIT FORWARD PRECESSION 

Figure 1 5. Third Forward Mode with the Optimized Four Pad 
Flexure Pivot Bearing. 

damped with a log dec of 2.489. The ability to manufacture the 
bearing with a relatively low preload, and to maintain the 
minimum and maximum variations due to manufacturing toler
ances very close to the target value is a great advantage in this 
application. 

In order to demonstrate the high reliability over a long period 
of operation, the analysis was also conducted at a slightly higher 
set bore clearance (3.2 mil) . This was performed to evaluate the 
effect of wear on the bearing in services that may require many 
starts and stops, and also to examine future applications where 
the speed may possibly increase from 20 to 30 percent over the 
current operating speed. The higher speeds will require the 
larger clearance to guard against bearing seizure . The results of 
this investigation are shown in Table 2. Note that the five pad 
configuration with the 0.5 pivot offset resulted in a negative 
logarithmic decrement for the first forward mode. Using a pad 
offset of 0.6 increased the stability margin (log dec= 0. 1 86), but 
it continued to show sensitivity to bearing clearance with the 
five pad bearing. The four pad bearing with a 0.5 offset offered 
much better stability at 2.4 mils clearance (log dec = 0.38). 
However, there was a drastic reduction in stability ( log dec = 
- 0.24 1 )  when the clearance was increased to 3.2 mils .  A four pad
bearing with an offset pivot of 0.6 provided better overall
stability at both clearances as shown in Table 2. What is of
importance in this optimization process is the fact that an offset
pivot design reduced the sensitivity of the bearing to clearance
variations . The offset pivot, as shown on the undamped critical



36 PROCEEDINGS OF THE TWENTY-THIRD TURBOMACHINERY SYMPOSIUM 

Table 2. Summary of the Stability Analysis Flexible Pivot Bearing. 

#of Pads Offset Preload Dia. Clr. First Forward 
(Mils) Mode 

5 0.5 0.2 3.2 -0.443

5 0.5 0.2 2 .4 -0.290

4 0.5 0.2 3.2 -0.24 1

4 0.5 0.2 2 .4 0.380 

5 0.6 0.2 3.2 -0.007 

5 0.6 0.2 2 .4 0.1 86

4 0.6 0.2 3.2 0.249

4 0.6 0.2 2 .4 0.348

speed map, also helped slant the equivalent dynamic bearing 
stiffness to the right, avoiding traversing the third critical speed. 

There are other advantages that also can be realized with an 
offset pivot design. The maximum film temperature is one of the 
primary limiting parameters with gear loaded bearings running 
at high speeds. The offset pivot can significantly help reduce 
that temperature . This is shown in Figure 1 6  for both the five and 
four pad bearings at 0 . 6  pivot offset compared to the 0 .5 offset 
values . There is a 20 to 30°F drop in the operating temperature 
with an offset pivot. The directed lubrication nozzles serve to 
further reduce the operating temperatures . Inhouse testing at the 
bearing manufacturer ' s  test facilities showed that directed lubri
cation significantly reduces the hot oil carry over from one pad 
to the next . This can also result in reducing the maximum 
operating temperatures by about 25 to 30°F. 

5 PAD 0.5 OFFSET 

4 PAD 0.5 OFFSET 

5 PAD 0.6 OFFSET 

4 PAD 0.6 OFFSET 

100 150 

MAXIMUM FILM TEMPERATURE (F) 

Figure 16. Maximum Film Temperature for Different Bearing 
Configurations. 

Unbalance Response Analysis 

Unbalance response analysis was computed with the conven
tional tilt pad bearing at both extremes of the manufacturing 
tolerances (minimum and maximum preload) .  The response 
with the optimized flexible pivot bearing is also shown on the 
same plot in Figure 1 7 .  The response at operating speed is about 
50 percent lower with the flexible pivot bearing, compared to the 
conventional tilt pad bearings. Note that the response is still very 
low at the higher speed!) proj ected for future machines. The peak 
response, due to the critical speed at 60,000 rpm with the 
conventional tilt pad bearing, is eliminated with the optimized 
flexible pivot bearing . 

Design and Stress Analysis of the Radial FPB Bearing 

An ANSYS® model of the pad geometry was generated for the 
purpose of determining the rotational stiffness of the pad and the 
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Figure 17. Unbalance Response Predictions with the Two Bear
ing Configurations. 

location of the pivot in the structure . The bearing is then ana
lyzed at the maximum static gear load to compute the static tilt 
or flexure. A stress contour plot of the stresses in the pad due to 
static loading is shown in Figure 1 8 .  The unbalance response 
analysis is then used to determine the dynamic loads transmitted 
from the rotor to the bearing . Using the stress results at static and 
dynamic conditions, one is able to compute the Modified Good
man diagram shown in Figure 1 9 .  The safety factor can then be 
determined from the information shown in the figure. Note that 
the dynamic load is calculated using· eight times the maximum 
unbalance value specified in API 6 1 7  Fifth Edition. Even with 
this high unbalance value, the safety factor is over 1 2 . 5 .  

Figure 18. Finite Element Stress Analysis Contours for the 
Flexure Pivot Bearing. 

An obstacle that has played a role in slowing acceptance of the 
FPB bearing is the relatively thin web feature . This thin struc
tural member often leads to concerns about the stresses and the 
fatigue life of the web . These fears have prompted the detailed 
analysis of the stresses and fatigue limit, as shown in Figure 1 9 .  
The modified Goodman diagram confirms that the bearing has a 
substantial margin of safety and that the stresses are well below 
the endurance limit of the structural material . In fact, the stresses 
are much lower than the contact stresses at the interface between 
the shell and the rocker back tilt pad in conventional tilt pad 
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Figure 19. Modified Goodman Diagram for the Flexible Pivot 
Bearing. 

bearings. Furthermore, there is no wear or fretting with the 
flexible pivot bearings .  This ensures that the performance will 
be maintained regardless of how long the bearings are in service .  

There is a striking similarity between the slow acceptance of 
the flexible pivot bearings and dry flexible element couplings. 
The analogy centers around concerns raised about the stresses, 
fatigue life, and endurance limit of the thin web section. How
ever, the amount of pad tilt that actually takes place once the 
shaft is positioned in the bearing is very small .  This is because 
once the shaft is in place within the bearing clearance, it will 
limit the maximum amount of pad tilt. As a result of this physical 
limit, the stresses will be very low . On the other hand, a clear 
distinction between flexible element couplings and flexible pad 
bearings lies in the mode of bending that occurs . Unlike the 
flexible element coupling , the flexible pad bearing does not 
undergo reverse bending . The pad is tilted in one direction due 
to the static load, and experiences only small oscillations about 
the steady state tilt position, due to the dynamic unbalance load. 

Another advantage the flexible pivot bearings have is the 
relatively high radial stiffness. The pivot stiffness of this bearing 
and conventional style bearings are shown in Figure 20. Note 
that in the case of the flexible pivot bearing , the stiffness remains 
constant as the load changes. This is very attractive in the case 
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Figure 20. Comparison of Pivot Radial Stiffness for Various 
Pivot Geometries. 

of integrally geared compressors where the bearing gear load 
changes with compressor load. Finally, bearings used in gear 
loaded applications represent a class of bearings that are subject
ed to the most demanding duty. The bearing unit loading typical
ly ranges from 280 to 400 psi compared to 50 to 200 psi for 
conventional gravity loaded compressor applications. The flex
ible pivot bearing has proven to be better capable of handling 
these high loads (stresses) and speeds (30,000 to 80,000 rpm) . 
This bearing design, unlike conventional tilt pad bearings, does 
not shift the weak link in the bearing from the babbitt to the 
pivot. 

THRUST BEARING ANALYSIS 

Fixed Geometry Bearings 

The most common type of thrust bearings used in high speed 
compressors are taper land, Rayleigh step, and pocket bearings .  
These bearings are simple to  manufacture and do not require a 
wide axial space. The requirement for a narrow axial space is 
very critical with high speed compressors in order to maintain 
high shaft rigidity. However, fixed geometry bearings are not 
capable of handling misalignment conditions. Consequently, 
this limitation with the fixed geometry bearings demands an 
over-designed bearing in order to account for the lack of mis
alignment capability. As a result, the bearing design is far from 
optimum and a significant frictional power loss takes place. 

Variable Geometry Bearings 

Self-leveling tilting pad thrust bearings can accommodate 
misalignment, but this is done at the expense of a relatively large 
axial space .  Therefore, they are not considered as a viable option 
with high speed integrally geared compressors . Nonequalized 
tilt pad thrust bearings wil l  require high precision due to the 
variation in manufacturing tolerance, and at high speeds, the 
inactive bearing will often experience pad flutter. 

Flexible pivot thrust bearings offer a valuable alternative 
which is very well suited for these types of applications . The 
tilting motion and convergent wedge is achieved through the 
flexure of the pad top and of the post. The capability of including 
the structural finite element model of the pad into the finite 
element solution of the Reynolds lubrication equation, provides 
an accurate means of evaluating the performance characteristics 
of the thrust bearing . Including the crowning of the pad top under 
load allows optimization of the crown-to-minimum film thick
ness ratio .  This will allow the pad to carry higher loads without 
sacrificing performance or reliability. The APPENDIX includes 
a derivation of the analysis routine used to analyze flexible pivot 
thrust bearings. 

FLEXIBLE PIVOT THRUST BEARING DESIGN 

The flexible pivot thrust bearings being discussed utilize the 
elastic deformations of the bearing structure to provide the 
converging wedge. In most oil lubricated bearings, the minimum 
film thickness is on the order of one mil. Since the optimum 
wedge ratio for a tilt pad bearing is around 2.5 , this translates to 
a leading edge tilt or deflection on the order of 2.5 mils. 
Therefore, the thrust pad does not have to deflect much in order 
to provide optimum performance .  Consequently, the stresses are 
very low and small compared to the contact stresses in a conven
tional tilting pad pivot bearing . Adequate safety margins exist in 
this bearing design to maintain a high degree of reliability. 

The bearing performance characteristics are arrived at by 
solving the Reynolds and energy equations using a finite ele
ment formulation [2] that accounts for the structural properties 
of the pad. The mechanical and thermal deformations of the 
thrust pads are included in the analytical model [3] .  Including 
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mechanical and thermal deformations is critical to an accurate 
determination of the film thickness, wedge ratio ,  and power loss, 
etc. These effects are often ignored in conventional bearing 
analysis and, as a result, the information on the pad crown profile 
is not known. In thin section bearings and in large pads, the 
ability to model the pad structural and thermal deformations is 
of paramount importance, since this has a significant influence 
on the crown profile. An excessive crown profile, as shown to 
the right of the shaded region in Figure 2 1 ,  results in lower load 
carrying capability. The shaded area represents a region of 
optimum performance where the crown height-to-film thickness 
ratio can be optimized for higher load carrying capability and 
lower power loss. The stress and temperature distribution along 
the surface and throughout the pad are also provided by the 
analysis and allow an accurate determination of the stress levels 
and safety factors. 

102 

2 3 

11/Hmio 

4 5 6 

Figure 21. Effect of Film Thickness to Crown Ratio on the Load 
Carrying Capacity. 

The thrust bearing in this configuration is designed to carry a 
load of 200 lb at 76,500 rpm when only one impeller stage is 
used. When two impellers or two stages are utilized, the maxi
mum thrust load is around 1 00 lb. As mentioned earlier, the 
desired maximum speed in the future will be increased by 20 to 
30 percent over the current speed. The thrust pads are made of a 
bearing grade copper alloy that has excellent thermal conductiv
ity. This will aid in carrying the heat away from the oil film. 

A finite e lement model of the thrust pad is shown in Figure 22 .  
The pad has an offset pivot to provide lower power loss and 
higher load carrying capability. The circular pad geometry is 
selected for ease of manufacturing (turning), and because the 
surface area did not have to be maximized. The power loss and 
minimum film thickness as a function of load at 76,500 rpm are 
shown in Figure 23 .  The stress contours in the pad under load are 
shown in Figure 24. The maximum stress is 1 7, 800 psi which 
results in a safety factor of 7 .9 .  

A s ix  pad thrust bearing was  optimized to  meet the design 
requirement of 200 lb thrust load at 76,500 rpm. The pads are 
assembled in the carrier with an additional height stock allow
ance. The pads are then ground and lapped as an assembly, thus 
eliminating the stackup of manufacturing tolerances associated 
with individual components. The carrier was designed to reduce 
the parasitic losses which are difficult to calculate but can be 
deduced from the test measurements. 

Figure 22. Finite Element Model of the Thrust Pad. 
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Figure 23. Flexible Pivot Thrust Bearing Power Loss and Film 
Thickness as a Function of the Load. 

Figure 24. Finite Element Stress Contour Plot of the Thrust Pad. 
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Table 3. Comparison of Thrust Bearing Predicted Power Loss at 
Test Conditions. Speed = 76000 rpm; load = 100 lb; oil inlet 
temp = 160°F; andflowrate = 2 gpm. 

Bearing Type Power Loss (HP) 

TPB Active Pocket 1 .721 
(Baseline) 

Inactive Taper/Land 2 . 86  

Total 4 .58 

FPB Active Flex Pivot 1 .67 

Inactive Flex Pivot 1 .05 

Total 2 .72 

Difference 1 .86  

A predicted power loss comparison of  the TPB (baseline) 
thrust bearing to the FPB thrust bearing under the test conditions 
is presented in Table 3. The power loss of a FPB bearing is 40 
percent lower than the power loss expected of the existing TPB 
(active-pocket and inactive-taper/land) thrust bearing .  Since 
there is no improvement in the power loss due to the FPB radial 
bearing, and the power loss in the gear system is expected to be 
the same for the TPB and FPB system, any power loss saving can 
be attributed to the FPB thrust bearings .  The experimental 
observations, which are discussed in the next section, show that 
the average power loss saving of the FPB compared to the TPB 
is 2 to 2 . 5  HP. This correlates well with the analytical predictions. 

BEARING TESTING AND EVALUATION 

Test Procedure and Layout 

The testing of the bearing was performed at the OEM's test 
fac ility using a production compressor. A schematic layout of 
the instrumentation plan is shown in Figure 25 . Eddy current 
proximity probes were used to measure shaft vibrations . Tem
perature sensors and flow meters were used to measure the 
lubricant temperature to and out of each bearing and the corre
sponding oil flow. The temperature rise and the oil flow rate 
were used to calculate the power loss in the journal and thrust 
bearings .  The compressor uses MIL-7808, a synthetic oil for 
lubricating the gears and bearings .  For the purpose of this 
investigation, the oil piping and controls have been slightly 
modified. The temperature regulating valve located upstream of 
the oil pump was disabled, and a control valve was installed in 
the hot oil line parallel to the oil cooler line . This allowed the oil 
inlet temperature to be varied. The oil pressure relief valve was 
completely closed to maintain the same oil flow to the compres
sor as indicated by the dotted line in Figure 25 .  A constant oil 
flow of 8 GPM was maintained throughout the test. The auxil
iary driven prelube pump was on only during startup, shutdown, 
and idle time after a shutdown for cooling purposes. When the 
compressor reached operating speed, the main oil pump driven 
by the bull gear supplied oil to the bearings. Two separate flow 
meters were located at the feed to each bearing . Numerous 
thermocouples were installed at various locations for tempera
ture measurements . This arrangement allowed determination of 
the power losses in each combination radial/thrust bearing, and 
across the entire compressor train .  The oil inlet temperature to 
the compressor was varied by adjusting the hot oil flow control 
valve parallel to the cold oil through the oil cooler. The total 
power loss (frictional plus parasitic) was calculated using 
Equation ( 1 ) .  

h p  = 0 . 1 967·gpm·density·CP·AT ( 1 )  

where, 
hp 
0 . 1 967
gpm
density
cp
AT 

power loss (hp) 
a units conversion constant 
flowrate (gpm) 
fluid density (g/cc) 
fluid specific heat (BTU/lbrF) 
average temperature rise (°F) 

The configurations of the three bearings tested are listed in Table 
4. The third configuration is the same as the second with some
minor changes to the thrust bearing carrier in order to reduce the
parasitic losses .

Table 4. Bearing Configurations Tested. 

Design Cases 
Stage I Stage 2 

Radial Thrust Radial Thrust 

Design I - TPB Tilt Pad Taper Land Tilt Pad Pressure Pocket 

Design 2 - FPB Flex Pad Flex Pad Flex Pad Flex Pad 

Design 3 - FPB Flex Pad Flex Pad Flex Pad Flex Pad 

Figure 25. Schematic Layout of the Test Instrumentation. 

Vibration Measurements 

The vibrations were measured using an eddy current proxim
ity probe system. The data was then processed through a fre
quency spectrum analyzer. The steady state vibration frequency 
spectra for the tilt pad and flexible pivot bearings, superimposed 
on the same plot, are shown in Figure 26 .  As predicted in the 
unbalance response analysis shown in Figure 1 7 ,  the response 
with the flexible pivot bearing is about 50 percent lower than 
with the conventional tilt pad bearing . Furthermore, the tilt pad 
bearing had lower damping as evidenced by the subsynchronous 
components present in the frequency spectra . 

Vibration data were also recorded during a surge cycle of the 
compressor. The subsequent vibrations spectra for both bearing 
types, superimposed on the same plot, are shown in Figure 27 .  
Note that in  this case too, the vibrations with the conventional 
style tilt pad bearing were higher and increased much more than 
the vibrations with the flexible pivot bearings .  These bearings 
did not show any change or increase in subsynchronous vibra
tions, whereas there was a significant increase with the tilt pad 
bearings .  

Measurements o f  Bearing Power Loss 

The temperature rise was measured for the bearings corre
sponding to each of the two compressor stages. These measure-
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Figure 26. Steady State Vibrations for the Tilt Pad and Flexible 
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Figure 27. Vibrations Measured Under Surge Conditions for the 
Tilt Pad and Flexible Pivot Bearings. 

ments were made while the oil inlet temperature was varied. 
Each data point was obtained after allowing all the measurement 
variables to reach steady state conditions . The results with both 
bearings are shown in Figure 28. The first stage bearing was 
subjected to the higher thrust load and, therefore, had the higher 
temperature rise. In both stages, the flexible pivot bearings 
experience lower temperature rise in comparison to the pocket 
and taper land thrust bearings .  The oil outlet temperature as a 
function of the oil inlet temperature is shown in Figure 29. This 
confirms that the oil inlet temperature can still be increased to 
induce a further reduction in the power loss without reaching the 
maximum outlet temperature limit. The total power loss which 
includes the first and second stage journal and thrust bearings is 
shown in Figure 30. There is about a 2.5 HP savings with the FPB 
bearings in comparison to the conventional tilt pad bearings. 

The first flexible pad thrust bearing carrier, shown in Figure 
7, had sharp edges between pads. This configuration did not lend 
itself to reducing the parasitic losses .  Parasitic losses, as report
ed by Booser and Missana [4] , can account for 25 to 50 percent 
of the total bearing fluid power losses . The second flexible pivot 
thrust bearing eliminated some of the sharp edges and provided 
a more directed lubrication configuration. The results for all 
three bearing configurations can be seen in Figure 3 1 .  Since the 
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Figure 28. Measured Oil Temperature Rise as a Function of Oil 
Inlet Temperature. 
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Figure 29. Oil Outlet Temperature as a Function of Oil Inlet 
Temperature. 
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Figure 30. Power Loss as a Function of Oil Inlet Temperature. 

flexible pivot thrust and journal pads were identical to those in 
the first configuration, the reduction in the power loss noted 
between the two flexible pivot bearings can be totally attributed 
to the effect of the parasitic losses. 

CONCLUSIONS 

The vibration characteristics with the flexible pivot bearings 
showed improvements over the conventional style tilt pad bear
ings during normal steady state operation and under surge 
conditions . The precision with which the flexible pivot bearing 
is manufactured, gives it a distinct advantage over conventional 
style tilt pad bearings .  This is because the stackup in tolerances 
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Figure 31. Power Loss as a Function of Oil Inlet Temperature 
for All Three Tested Bearings. 

with conventional style tilt pad bearings results in a very wide 
range for the clearances and preload. 

The use of an offset pivot in this application showed that the 
journal bearing can run 20 to 30°F cooler. The offset pivot 
design also showed advantages that were not clearly identified 
in the literature. The bearing sensitivity to clearance variations 
with an offset pivot was demonstrated to have a limited influ
ence on the stability. The cross coupled stiffness for the 0.5 and 
0.6 offset bearing as a function of the flexure pivot rotational 
stiffness is shown in Figure 32. The difference in the cross 
coupled stiffness between the 0.5 and 0.6 offset is negligible. 
The distinct difference, however, can be seen when the principle 
stiffness is plotted for both offset positions as a function of 
rotational stiffness, as shown in Figure 33. As the rotational 
stiffness in the pads approach the variable geometry (tilting) 
region, there is a dramatic increase in the direct stiffness with the 
0.6 offset pad configuration. What is of even more significance 
is the increase in damping for the 0.6 offset pads, as shown in 
Figure 34. The increase in stiffness and damping is responsible 
for the reduction in sensitivity with variation in bearing clear
ance and for the higher logarithmic decrement predicted with the 
offset pivots. 

240000 -1- ----1.. ----1- �- ---·+---- J-. --- ·-1-----1-----1-----1-: , : t· �···i·····-·r-··o�s�A·o�ALOFFSETi 
I I Jl I I I I I :

I / : _.:---t---t::::-::-t:---1 
190000 -1-----1-----1--- -:--r:�---�----�--0.6..�FSE.T�-

rA�AB�=�y : (/ : : : : : : 
� _l ____ : _____ : ___ Jl:L_l ____ l ____ l ____ !_ ___ j ____ j_ � 1 40000 

: : 
: :/ ' : : : ' : 

>C 1 < 1 1 I FIXED GEOMETRYi 1 1 

¥ : ' 
t .l : � : : :  

s 90000 -�----�----,--- r---�- --r--r--r--:----r 
I • ... ' • 

: : : 
1 I 4oooo -t----:-------.:-. -' ---- � - --r----L----:----�----...L-: : i' �RANSITION : I : I : 

-��i_---J ���i----t----�--- _i ____ j_- __ j--10000 I , , 
1� 1� 1� 1� 1� 1� 1� 1� 1� 1� 

PIVOT ROTATIONAL STIFFNESS (LB-IN/RAD) 

Figure 32. CrossCoupled Stiffness (Kxy- Kyx) as a Function of 
FPB Rotational Stiffness. 

This investigation also confirmed that parasitic losses form a 
substantial part of the overall power losses in a bearing. The FPB 
bearing design reduced the frictional and parasitic losses by 2.0 
to 2.5 hp. More importantly, the design of the flexible pivot 
bearing enables incorporating features in the thrust bearing, 
which can reduce the parasitic losses. Subsequently, the para
sitic losses were reduced by an additional 1 .0 to 1.5 hp. 

320000 

z 270000 iii d
Ul 220000 Ul w z � 170000 
Ul 
..J < 
� 1 20000 

a; a: 0.. 70000 

- r--- -1------1---- -:-----+----r--· - -r- --- 1--- --< 
I I I I i I I I I I 

0� RADIAL OFFSEir "'i'\ : : : : : : I I ,;../ I\ I I I I I I 
-��-�"7�--=-...J,--- �-1--t- -- f1XEtfGl¢;METR'r\-----:----�-
! i i i\i �� i! -t----:+- ----:---- 4--l-+-- --t---- �-- -- :---- - : --- - -i-
I _I I I \ I I I I I I 
'1·VARIABI,'EBEOMETRY : \ : : : : : : 

-�----�!�-�--- -�-.--\-�- --�----�----\----� ----� -lTT:i \i ! i ! : i
- r - , -t -

--l-
-

- .t�:-'r -�t��t�-�t��-t-�-j-
1 I I -· I I I I I I I 

-b:;:;-.-;t-.-;;-.. -.r1�-.:- :r�� ---- +---- :- ----:-----: -- ---l-9.5 �AD!�L 9Ff$T :REGION : : : : I : 
I I " I  I I I I I I 

1� 1� ·1� 1� 1� 1� 1� 1� 1� 1� 

PIVOT ROTATIONAL STIFFNESS (LB-IN/RAD) 

Figure 33. Principal Stiffness (Kxx, Kyy) as a Function of FPB 
Rotational Stiffness. 
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APPENDIX-'DESIGN AND 

ANALYSIS OF FPB THRUST BEARINGS 

In a conventional fixed geometry fluid film bearing design, 
such as a taper land or a Rayleigh step bearing, the converging 
geometry is generated by machining the bearing surface to 
provide a converging wedge. A tilting pad bearing on the other 
hand, through its ability to tilt and form a convergent wedge 
geometry is classified as a variable geometry bearing. The 
flexible pivot bearing falls in the same category as the tilting pad 
bearing due to its ability to flex and tilt, thus forming a variable 
geometry wedge. In the flexible pivot bearing, the hydrodynam
ic pressure developed in the fluid induces the pad top and the 
flexible pivot to elastically deform. This deformation forms the 
converging wedge-shaped gap between the bearing surfaces. 

The primary obj ective in the design of a flexible pivot bearing 
is to optimize the deformation of the bearing components, within 
the structural limits of the material. The differential equation 
governing the pressure in the fluid film is the Reynolds lubrica
tion equation. Solving the Reynolds equation and accounting for 
all the factors which influence the performance characteristics is 
a very involved procedure. In many of the conventional bearing 
designs, factors such as the changes in the fluid temperature and 
viscosity, pad mechanical and thermal deformations, etc., are 
neglected. Flexible pivot bearings ,  on the other hand, address 
these effects and use them to advantage in order to generate an 
optimum pad profile and develop a higher load carrying capabil
ity. In a flexible pivot bearing design, a numerical solution to the 
Reynolds equation is obtained, followed by an energy balance 
calculation, and a structural elastic deformation analysis. These 
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analysis steps are coupled and solved in an iterative manner. The 
following outlines how the design process is executed: 

• Estimate the initial fluid film thickness between the bearing
surfaces based upon the geometry and the operating conditions. 

• Solve the Reynolds equation and calculate the pressure
distribution on the pad, the power loss, the temperature rise, and 
the variations in the fluid properties along the pad. 

• Calculate the pad structural deformations due to the fluid
pressure and temperature. 

• Update the fluid film thickness as a result of the structural
deformation. 

• Repeat steps two through four until an equilibrium is reached.

• Calculate the stresses in the bearing under the equilibrium
pressure. 

A structural analysis to determine the pad deformation is 
required during every iteration, because ,the pressure distribu
tion changes in every iterative step. The ANSYS® finite element 
analysis program is used to perform the structural analysis. 
KMC® proprietary programs are used to perform the fluid dy
namic analysis of the thrust and the radial bearings. The fluid 
dynamic and the structural analyses are coupled by the use of a 
structural compliant matrix. 

Each element a;· in the square, symmetric structural compliant 
matrix represents

1 

the displacement of nodei due to a unit load 
applied at nodej. Only the nodes on the pad top constitute the 
domain of the compliant matrix which helps considerably in 
reducing the problem size. The displacement analysis used to 
generate the compliant matrix consists of creating the finite 
element model of the entire pad structure. This is followed by 
applying a unit load to a node on the pad top, performing an 
ANSYS® displacement analysis, and extracting the resultant 
displacements of all the nodes on the pad top surface. The 
analysis is repeated for all the nodes on the pad top surface. 

The fluid dynamic analysis program uses a finite element 
algorithm to solve the Reynolds lubrication equation. The loca
tion of the nodes in the finite element lubrication program 
matches the location of the nodes generated in the structural 
program. The program follows the steps outlined above and uses 
the compliant ma.trix to calculate the pad deformations. Finally, 
the calculated equ_ilibrium pressure is applied to the finite ele
ment structure of the entire pad to obtain the resulting stresses 
throughout the pad. 
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