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Charlottesville, Va, Mem. ASME This paper treats the effect of support damping and flexibility on the response charac-

teristics of a symmetric rotor mounted in journal bearings. The successful operation of
turbomachinery utilizing fluid-film bearings is shown to be very dependent upon the
bearing support structure for high-speed applications. A stability analysis is discussed
based upon the application of both the Routh criteria and the calculation of damped ei-
genvalues. Results are plotted for typical rotor support properties. The analysis also dis-
cusses the influence of rotor imbalance on the stability of rotor systems, and time tran-
sient orbits of shaft and support motions clearly indicate their dynamic behavior for
both the stable and unstable operating speeds. Simplified design criteria are given for
the selection of the support stiffness and damping based upon rotor weight and journal
clearance to promote optimum stability. The stability analysis shows that the stability
threshold with a damper support may increase the stability level over four times the
value of a journal bearing on a rigid support. A nonlinear transient analysis is presented
to show the size the journal limit cycles and forces transmitted with and without a
damper support.

1 Introduction associated with plain cylindrical bearings the designers have used

multi-lobe, tilting pad, pressure dam, and other designs such as

The dynamics of rotor bearing systems has become of extreme  herringbone groove to increase the stable speed range of their
importance due to the increased speed and power level require- equipment.

ments of advanced design rotating equipment. The aircraft jet en- Jet engine manufacturers are designing advanced engines with

gine industry has as their ultimate goal a lighter, more powerful, anti-friction bearings in series with fluid-film dampers to reduce

more efficient, and more dependable power plant. Compressor and  engine sensitivity to imbalance. In qualitative terms, the same sys-

industrial gas turbine manufacturers are concerned with reduced tem parameters which promote optimum forced response charac-

development costs, high reliability, and low maintenance costs teristics are also conductive to an increased stable operating speed

over extended useful service life. These factors are responsible for  range. While this is true in general, it is extremely important for

the interest in and growth of the study of stability and forced re-  the dynamist to fully understand the cause and nature of instabili-

sponse of rotor bearing systems. Power plants for ground installa-  ties associated with fluid-film bearings, internal friction damping,

tion and outer space are relying on fluid-film bearing to provide and aerodynamic cross-coupling. The present paper will be con-

long, maintenance free service. To avoid the classical instability cerned with only those instabilities associated with fluid-film bear-

ings. The instability associated with the plain cylindrical journal

Commuibuted by the Dosign Ened  Division tation at th bearing has received considerable attention in the literature [1-5].
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[8] found that support flexibility lowered the stability threshold
speed. Gunter [9] explained the discrepancy when it was shown
that a symmetrical undamped support lowered the threshold
speed whereas damped and/or asymmetric supports can greatly in-
crease the stability of a rotor system.

Hori [10] presented an analysis of a long bearing with negative
fluid film pressures neglected (to model cavitation) which indicat-
ed that the journal was not inherently unstable at all speeds as
Robertson [3] had shown. Hori’s analysis was in agreement with
practical experience and all future investigations have included
the cavitation effects unless supply pressures are in excess of the
peak film pressures in which case the film does not cavitate. Hori
concluded that the vertical balanced journal would be unstable at
all speeds. This fact has been demonstrated by the authors, and it
has been determined that rotor imbalance is required to promote
stability of vertical rotors operating in plain journal bearings [22].

An investigation by Badgley [11] reported on a time transient
analysis method of obtaining the stability threshold speed of short,
long and finite bearings. The orbits of a balanced horizontal rotor
on rigid supports were examined for various methods of pertuba-
tion to determine the influence on the stability boundary. He indi-
cated that the threshold speed at high eccentricities is reduced by
large initial velocities. (The results obtained for the short bearings
are shown in Fig. 5 of this paper). Lund [12] examined the stability
of a flexible rotor with damped supports and concluded that
damped flexible supports can considerably increase the threshold
speed. Stability curves for specific rotor systems were presented
for rotors supported in cylindrical gas bearings. Gunter [13] pre-
sented a linear analysis of the influence of damped supports on the
response characteristics of a rigid rotor including gyroscopic ef-
fects. The analysis of a typical rotor system indicated significant
reductions of forces transmitted for damped bearing supports.

Recent investigations of rotor stability [14, 15] have extended
the rotor models to general multi-mass flexible rotors with damped

— N Omenclature.

bearings. These analyses are generally intended to study complex
rotor systems and will add enormous capability to the rotor dy-
namist in future studies of stability.

The purpose of the following discussion is to present the results
of an extensive study of the influence of damped flexible supports
on the stability threshold speed of a rotor in nonlinear fluid film
bearings [16, 17]. Stability maps are presented in dimensionless
form for a range of support stiffness, damping, and mass ratios.
Numerous time transient response orbits will indicate the nature
of stable and unstable response orbits for both balanced and un-
balanced rotor systems. Examination of the complex eigenvalues
for a specific rotor system will give further insight to explain why
rotors may pass through an unstable speed range and restabilize,
only to go unstable at some higher speed in the classical “half-fre-
quency whirl.”

When shaft flexibility is included in the analysis another possi-
ble mode of instability is introduced which corresponds to the con-
dition of “resonant whip” as reported by Newkirk [18]. This phe-,
nomena can be shown analytically by examination of damped ei-
genvalues. The examination of the real part of the eigenvalue gives
not only an indication of whether the system is stable or unstable,
but also an accurate indication of the rate of growth of small pertu-
bations. This additional information has proven to be extremely
useful in giving added insight to the cause and nature of rotor-
bearing instability.

2 Description of Rotor Bearing System

2.1 Rotor and Support System. The system that is to be con-
sidered in this analysis is the symmetrical rotor as shown in Fig. 1.
The rotor is considered to be supported by nonlinear fluid film
bearings in which the length to diameter ratio is less than one (i.e.,
L/D < 1.0). The bearings are modeled by the short bearing ap-
proximation [19, 22]. A derivation of the fluid-film forces ex-
pressed in fixed cartesian coordinates is presented in the following

a = growth factor (T~1) m = one-half equivalent rotor mass, m; +

¢ = journal bearing radial clearance (L) ma/2 (FT2L™1)

Cyx, Cyy = Dearing direct damping

m; = journal bearing mass (FT2L™1)

Q = whirl rate ratio, = ¢/w; (DIM.)

(FTL™Y)

Cy,, Cyx = bearing cross coupled damping
(FTL™1)

Cixx, Clyy =
(FTL™Y)

Cixy, C1yx = support cross coupled damp-
ing (FTL™1)

Cg = support damping (DIM.)

D = journal bearing diameter (L)

e, = imbalance of rotor/m (L)

E, = imbalance ratio, = e,/c (DIM.)

Fy, Fy = journal fluid-film force (F)

g = gravitational constant (LT~2)

h = film thickness (L)

H = film thickness ratio, = h/c (DIM.)

Kpg = support stiffness (DIM.)

Kg = shaft stiffness (FL~1)

K.x, Kyy = bearing direct stiffness (FL~1)

Ky, Kyx = bearing cross coupled stiffness
(FL™1)

K Ixx, K lyy =
(FL™1)

Kixy, Kiyx = support cross coupled stiff-
ness (FL™1)

L = journal bearing length (L)

mo = rotor mass (FT2L™1)

m1 = support mass (FT2L"1)

support direct damping

support direct stiffness

2

8m = mass ratio, = mi/m (DIM.)
N = rotor spin, w/2x (REV/T)
R = journal radius (L)
S = Sommerfeld number (REV.)
S, = Ocvirk number, = S(L/D)2 (REV.)
w = parameter = uRL3w/2¢? (FL~?)
W = bearing loading (F)
w = load number
2 W/uLD(2¢/L)*V me,/W (REV.71)
x1, y1 = support displacement (L)
x2, y2 = rotor absolute displacement (L)
xj, ¥j = journal relative motion (L)

I

X, Y = displacement ratio, = x/c, y/c
(DIM.)

Xo, Yo = journal equilibrium position
(DIM.)

¢ = journal eccentricity ratio (DIM.)

e = journal equilibrium eccentricity
(DIM.)

\ = complex eigenvalue (T~1)

u = viscosity of lubricant (FTL=2)

¢ = attitude angle (rad)

wp = bearing spin rate (71)

wj = rotor spin rate (T~1)

w = sum of wj + wp (T~Y)

ws = stability parameter, =
(DIM.)

wVme/W

CL = journal clearance (L)

CBX, CBY = support damping (FTL™1)

EMU = journal eccentricity ratio, = E,
(DIM.)

ES = journal equilibrium eccentricity
ratio, = ¢ (DIM.)

ESU = ¢ calculated for LOAD =
(DIM.)

FO = rotating load (F)

FMAX = maximum fluid-film force (F)

FMAXB = maximum force to bearing (F)

FMAXS = maximum force to support (F)

FU = imbalance load (F)

FU

FURATIO = imbalance ratio, FU/W
(DIM.)
MU@5 = viscosity of lubricant (X 10°)

(FTL™?)

SS = Ocvirk number (REV.)

TRDMAX = maximum dynamic load/me
ww;? (DIM.)

TRSMAX =
(DIM.)

W = bearing load from rotor (F)

WB = bearing weight (F)

WdJ = journal weight (F)

WS = stability parameter, ws (DIM.)

WT = (total load on bearing)/W (DIM.)

load/W

maximum film
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Fig. 1 Cross-section of rigid rotor system showing fluid-film and region of
cavitation

section. The fluid-film will be considered to cavitate when the
fluid pressure drops below the ambient pressure. In this analysis
the ambient pressure level was taken to be zero. Further studies
have indicated that high ambient bearing pressure levels will cause
a serious reduction in the stability limits as depicted in the fol-
lowing stability plots, but this effect will not be included in this
analysis.

The fluid film bearings are considered to be mounted in linear-
ized, flexible, damped supports. Although the support system is
considered to be linear in the stability analysis, the time-transient
integration of the equations of motion may include a linear or a
general nonlinear squeeze film damper system. The linearized
analysis is applicable to rotors with nonlinear squeeze film damper
supports which have a retainer or a preloaded retainer spring in
parallel with the damper for small displacements. The damping
characteristics of such a support system may be found in the liter-
ature [13, 17].

The transient response analysis of the system assumes the rotor
to have an effective unbalance located at the rotor midspan and no
couple unbalance moments acting along the shaft. Therefore, as-
suming no gyroscopic moments act on the shaft, only the cylindri-
cal mode and not the conical mode of the shaft will be excited. Sta-
bility of this rotor system considering the conical mode has been
examined by Lund [25].

Considering these restrictions, the symmetric rotor system may
be described for dynamic similation by six coordinates or indepen-
dent degrees of freedom. The support motion of either end of the
rotor is given by the absolute coordinates X; and Y7, and the bear-
ing relative motion is denoted by (X}, Y;) in the fixed coordinate
system. The rotor motion at the midspan is described in the fixed
coordinate system by (X, Yy). If the static deflection of the rotor
is much less than the journal clearance (3/C < 1.0), the rotor may
be considered to be rigid and hence (X3, Yo) = (X;+ X, Y, + Y)).

The equations of motion of the system may therefore be written
as four coupled second order differential equations with the fluid
film bearing forces expressed as nonlinear functions of the journal
relative displacements and velocities as shown in Fig. 2.

2.2 Fluid Film Bearing Characteristics. The nonlinear fluid-
film forces generated by the journal bearings may be derived by
considering the solution to the general Reynolds equation. Ex-
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Fig. 2 Cross tion of deflected rotor at time wt showing displacement

nomenclature

pressed in terms of a fixed cartesian coordinate system, the Reyn-
olds equation may be written as follows:

3 B 8p,, 1 o I3 op

gg[@g}] Eia—@[s—u@] )
The standard solution technique for bearings having L/D < 1 is to
neglect the term aP/46 in equation (1). This permits an approxi-
mate solution to be written for the pressure profile. Considering
ambient pressure at the bearing axial boundaries, the pressure
profile is given as:

LMZ-;]%__L) |r(wb + UJ]-)(X]- sin (9) = V; COS(H))

ah | _oh
= + :) T -
(w0, + w)) 35+ 2,

p(Q’Z) =

— 2(x; cos(f) + v, sin(9))] (2)
The components of force on the journal in the x-y coordinate sys-
tem may be found by integrating the pressure profile over the
bearing surface. This is expressed as:

Fo= [5 ST ple,o)R cos(@)dez?
(3a)
Fy = fio f;: p(6,2)R sin(@)dedzs

Integrating the axial component, the nonlinear forces generated by
the journal bearing may be expressed by the following integral:

‘LLRL3 2r

F
Zx\
{ 2 Yo

F,' =

(wy + w;)x; sin(8) — v, cos(8))
— 2(x;cos(8) + ¥,sin(9))

(c = x; cos(h) — v, sin(9))’ sin(0)
It may be noted that the term ws + w; can be replaced by w,
where it is to be understood that the solution is valid for bearings
having both surfaces spinning. However, caution is due when de-
fining the dimensionless velocities for transient response calcula-
tions. If the velocity terms are to be made dimensionless using the
reference spin rate of the journal (i.e., ), the variables should be
defined such that:

X

{cos(Q)} (35)

X; Vi, o X, 1X; :
X, = Sy Vi X da;
g ¢’ 7T e cwjde’YJ
Yy dy,
Tew; AT T T @il
The equation for the fluid film forces may then be expressed as:
{{“ﬂr o IlRng 2r
F,' = 2c? 70
3



X; sin(#) — Y; cos(8)
=20 (X cos(6) + ¥, sin(0))

X e T v o oy tde (4)

(1 — X;cos(9) — V; sin(6))?

Fluid-film cavitation is accounted for in the analysis by neglecting
the contribution of negative pressures when evaluating the integral
given by equation (4).

The incremental fluid-film forces may be expressed by linear
stiffness and damping coefficients in the small region near the
steady state equilibrium position (xo, ¥o). The incremental forces
are thus expressed by

8F, = ~[K,x + Cou & + Kyy + Cyiy ¥l (5a)
OF, = ~[Kyyy + Cwi’ + Ky x + ny‘{’] (50)
where
X = X; — X3V TV,
with
F, = F,, + 0F,
F, = F, + 6F,
and
be]
Kxx = 7‘3&
Xi | xyexo5
Yi=; 9
sin(8) cos(8) H, + 3 cos*(d)
—pRL% o X (X, sin () — Y, cos(9))
= 2C3 f() HOT[ dab (60)
a
Kw = A;‘l
Vi Xj=x05
¥;=¥
3 sin%(8)(X,; sin(0)
- —WRL3w fz,,— Y,; cos(@)} - sin(@)cos(Q)Hod9 (
= 27 0 Ho4 60)
—F, LRL® o 2 cos®(9)
Cxx = (d):' x;=X0 2C3 ‘[0 H03 9 (6C)
J J
yi=30;
—OF HRL® ro2r 2 sin(9)
—_ — ¥ — — il AV
Co = 8y |xjexo; 2¢° fo Hy? a6 (6d)
Yi=¥0;
‘8
K, = an
Vo[ ¥i¥05
vj=30;
3 sin(6) cos(8)(X,; sin(9)
2
URLw o — Y,; cos(8)) — Hy cos®()
=57 fn : R ~d9  (6e)
%
K = O
X[ ¥%57%0;5
Yi=Y0;
3 sin(0) cos(9)(X,; sin(h)
. *MRng f 27 - Ym' COS(G)) + 20 sinz(Gl (6 )
= 263 0 H04 f
—F, LRL® 2 2 sin(9) cos(d)
Cry 0y |xj=x; 2¢ jO H, d ( 2)
vj=v0;
—F LRL3 2 2 sin(6) cos(6)
Ty —
C, = 8% |xjr; 207 ‘[0 H03 de (6h)
YiT¥0;

These integrals are to be calculated over the area of positive pres-
sure which is present under steady state conditions.
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Fig. 3 Dimensionless direct stiffness and damping coefficients for the
short journal bearing

The steady state equilibrium position e, may be found for any
load by an iterative routine using the Ocvirk number [19] which is
expressed as:

UN R? L2 — e
50 @ = S )

S
relm® (1 — &) + 162177

QT@,

S
where

p _ bearing load
- L xD

N = bearing effective speed (rev. /s)

Hence, for a given bearing geometry, load, and speed the equilibri-
um position is expressed as:

X, . =

oj

€, sin (¢g)

(8)

Y, = —€, cos (o)

a1

where:

v 1;02} 9)

ttitud = tan™!
attitude angle = tan [4 G

by =
and ¢ is found by using equation (7).

The bearing characteristics may therefore be expressed as di-
mensionless values as a function of eccentricity and the resulting
values are shown in Figs. 3 and 4. These bearing characteristics
have been used in generating the stability boundaries in the fol-
lowing section of this paper.

Fig. 3 represents the direct or principal stiffness and damping
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values for a short journal bearing with a cavitated film. The bear-
ing characteristics obtained can be shown to be in close agreement
with the characteristics reported by various investigators such as
Holmes [27], Lund [25], and Badgley [11]. It is of interest to note
that as the eccentricity ¢ reduces, the principal stiffness terms
K., and K,, rapidly reduce, approaching 0 in the limit as ¢ ap-
proaches O while the principal damping values C,, and C,, ap-
proach an asymptotic limit. Poritsky [26] was the first to recognize
that the journal bearing must have a radial restoring spring rate in
order to have a finite stability threshold. The conditions that the
principal stiffness terms K., and K,, must be positive for a finite
stability threshold to exist is also given in reference [9]. If the jour-
nal is operating at zero eccentricity, or if the bearing film is not al-
lowed to cavitate, then the principal stiffness terms vanish, and
the journal is inherently unstable and the system will exhibit half
frequency whirl. Threefore if a flexible damper support is incorpo-
rated with a vertical journal bearing or an uncavitated bearing, the
system will still be unstable, however the size of the resulting limit
cycle orbits will be greatly reduced.

Fig. 4 represents the cross-coupled stiffness and damping coeffi-
cients. Examination of the general stability criteria of reference [9]
indicate that the cross-coupling terms K., and K, are the major
sources of instability and that the cross coupled damping terms
play only a minor roll in determining the stability threshold. In
order to generate instability, the cross-coupling term K,, must be
negative and the greatest degree of instability occurs when K, is

a4
10 I I
urL® w 1]
we——
2c? |£!
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Fig. 4 Cross-coupled stiffness and damping coefficients for the short jour-
nal bearing
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of equal and opposite sign to K,,. When K,, becomes negative
also, the system stability rapidly improves as shown in Fig. 5.
2.3 Equations of Motion. The equations of motion for the sym-
metric rotor system as shown in Fig. 1 may be expressed as follows
with the rotor characterized by a shaft stiffness, K, and absolute
damping, Cs.
Rotor:
maXy + Kxy = x; = x1) + Cy¥y

= mge,w,? cos(w;t) + f,(t) (10a)

myVy + Ky, — v; = ¥1) + Cy
= ;'nzeuzwj2 sin(w;f) — myg + f,(H) (108)

Journal:
SR = Flrny,x,y), - s (- x) =0 (11a)
mj(xj x1)— x(x1y9x,y i 2 Xo T X;) = a
- . .o K
my(y; + ¥ = Fy(69,4,9); =5 (v =y =) = m;g(11b)
Support:
myx; + F(x,, x,9); + KXy + Ky

+ Ciohy + Cpyvy = F,  (120)

Wl1.3.71 + Fy(x5y77€>y)j + Klwy1 + K1WX1

+ Cryp¥y + Crypky = —myg + F, (120)

where
Cs = absolute damping on rotor midspan
f(t) = any time dependent or steady loading acting on the
rotor (including effects of aerodynamic loading or
internal friction)
. F » = preload force on the bearing support system
F(x, y, %, ¥);= fluid-film forces expressed by equation (3).

If the rotor shaft stiffness may be considered to the rigid (mog/K
&« ¢) then the equation may be reduced still further to the fol-
lowing system of equations.

m(a}‘l + S}j) - F(x,v, é,y')j = me, w?; cos(w;l)
+1/27,(0) = 1/2C (% + x,) (13a)

m(yy +v) = Fy(x,v,%,9); = me, o, sin(w,?)

+1/27,(t) — mg — 1/2C (v, +v,) (130)

mlﬁa + F(x,v, 9;,3;)]. + Ky X + Ky
+ Cip¥y + Cryyy = F, (14a)

my, + F(6,9,5,9); + Ky + KX
+ C1w3.)1 + Cm;‘l = F,, — mg (140)

These are the equations required for time transient response
calculations. For stability consideration, the homogeneous equa-
tion written about the steady state equilibrium position may be ex-
pressed in dimensionless form considering the bearing characteris-
tics as given by equation (5). The cross-coupling terms for the
flexible support are neglected to reduce the number of variables in
the analysis. The resulting equations are expressed as follows:

(1 +oemX," +CX, + KX, + X, =0 (15a0)
(1 + omYy” + C,Y + KY, + Y, =0 (15b)
X+ XM+ Kox; + CuX! + KLY, + C Y =0
(15¢)
Y+ Y+ KLY, + C Y+ KX, + CX) =0
(154)
5



The support characteristics are assumed to be symmetric to fur-
ther reduce the number of dimensionless parameters in the study.
Thus the extent of the stable region will be the lowest obtainable
since bearing support asymmetry will in general increase the stable
operating speed range. The following dimensionless support char-
acteristic variables are defined.

—I?B‘ = Kp/mwl; Ky = Ky = Ky,
(16)

C. — S - — —
Cp = Cy/mw,; Cg = Cypye = Cyyy

W, = \ /W
nic

The stability of the rotor system may now be calculated in terms of
the dimensionless parameters given in the preceding discussion.
From the above dimensionless parameters, it may be shown that
the stability threshold speed may be expressed as

— ,0m, €, K, C
')NC,’ ) ’ B> B)

where

“| Threshold
Speed

1

These parameters will be used to plot the results of the stability
analysis presented in the following discussion.

3 Stability and Transient Motion on Rigid Supports
3.1 Journal Bearing Stability. The stability analysis of the
nonlinear rotor-bearing system is obtained by employing the lin-
earized equations of motion of the balanced rotor about the steady
state equilibrium position.

The case of the journal bearing on rigid supports reduces the
equations of motion to a system of two degrees of freedom. In Fig.
5, the stability threshold of the isolated two degrees of freedom
journal bearing is presented in terms of the stability parameter w;

3

BADGLEY-BOOKER
° SHORT BRG. THEORY. :

mc
W= w E [DIM.]
w
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®1 /
/
/
2 7
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—
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ECCENTRICITY, ¢, [DIM.]

Fig. 5 Stability map for the short journal bearing with rigid supports

vs the bearing equilibrium eccentricity ratio e. The results of this
elementary system is compared with the results generated by Bad-
gley-Booker [20] who also assumed the short bearing approxima-
tion. The stability profile generated by the evaluation of the bear-
ing characteristics in fixed cartesian coordinates is in excellent
agreement with the results shown by Badgley and Booker. Also
shown for comparison is the stability boundary generated by
Reddi-Trumpler [21] for the 180-deg bearing with end leakage.
This analysis indicates a decreasing threshold speed for decreasing
eccentricities.

The stability of the finite width bearing for various aspect ratios
of L/D was treated by Lund [25]. Comparison of these profiles in-
dicates that the short bearing theory predicts accurate stability
boundaries for aspect ratios of (L/D < 0.5).

Lund also shows that for large aspect ratios (L/D = 2.0) the
characteristic stability curve is similar to the approximate stability
boundary first presented by Reddi-Trumpler which shows that the
stability decreases with decreasing eccentricity. However the
asymplotic value that Lund obtained for L/D = 2.0 approaches
2.17 rather than the lower value of 1.3 as shown Reddi.

The stability boundary of the present analysis is found to de-
crease slightly with increasing eccentricity. The minimum thresh-
old of stability is obtained at an eccentricity of ¢ = 0.5 and the
value of ws is approximately 2.5. As the steady-state eccentricity
increases beyond 0.5, the stability rapidly increases, until the sys-
tem is completely stable beyond ¢ = 0.7, which also agrees with
the results stated by Hori [10].

Example 1 \
Determination of the journal stability —N = 6500 rpm

Given W = 501b (22.68 kg),
R =1.00in.(2.541n.)
L =1.00in. (2.54 cm)
u =1.0 X 10-5Reyns
C = 0.0051n.

From the above data the bearing Sommerfeld number may be
calculated and hence the steady state eccentricity ratio can be de-
termined. o

_ BN, Ry
S =" LD(C)
1 X107 x 108.33 1.2
= 50 X1 2 ()
S =133 = & 1 -y

L' 7e[rP (1 — €% + 16€2]7¢
By the Newton-Raphson iteration the equilibrium eccentricity
is found to be ¢ = 0.211. From the stability plot (at Point 1) the

stability threshold is approximately ws; = 2.5. The rotor operating
speed parameter ws* is given by

wX = w ae = 680. —
s ]/ 0.68 386 = 2.45

Since the operating speed is below the stability threshold, the sys-
tem should be stable about the steady-state equilibrium position
of €@ = 0.211.

Fig. 6(a) represents the transient path of the journal corre-
sponding to the conditions in Example 1.
3.2 Journal Bearing Transient Motion. Although the stabili-
ty analysis of the linearized system is needed in order to establish
the stable operating boundaries of the system, it does not answer
the important question as to the magnitude of the unstable orbit.
For example, two rotors may have a similar threshold of stability,
yet one may have considerably better operating characteristics in
that it has smaller limit cycle orbits above the stability threshold.
The question of the actual nonlinear rotor motion above the stabil-
ity threshold and also the influence of rotor imbalance on the mo-
tion of the system can only be answered by a time-transient meth-
od of analysis in which the nonlinear equations of motion are inte-
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HORIZONTAL BALANCED ROTOR

NO. 11981
N = 6500 RPM WT = 1.00
R = 1.00 IN. W= SO LB.
L= 1.00 IN. MUsS = 1.000 REYNS
C = S.00 MILS FMRX = 64.4 LB. RND
TRSMAX = 1.29 OCCURS AT  0.53 CYCLE
S= 1.733 WS = 2.4S
SS = 0.433 ES = 0.211

(a)

Fig. 6(a) Journal orbit of a balanced horizontal rotor on rigid supports (N
= 6500 rpm, W = 50 Ib. (22.68 kg), C = 0.005 mils (0.0127 cm), L/D =
)

grated forward in time. It should be noted that the use of a time-
transient program without a corresponding linearized stability plot
has proven to be costly and time consuming as it is not apparent
from the observation of the transient orbits alone as to what sup-
port or bearing parameters will promote optimum stability. The
analysis of the time transient motion of journal bearings is given in
detail in references [11 and 22].

The typical characteristics of a rotor operating below the stabili-
ty threshold speed is shown in Fig. 6(a). The transient path of the
journal is plotted in the reference clearance circle. The rotor is op-
erating at 6500 rpm and at time t = 0, the rotor is dropped from
the center (X = Y = 0). The resulting path of the journal is indi-
cated to be stable and spiraling into the equilibrium eccentricity
(o = ES = 0.211). The small circles on the orbit indicate one spin
revolution of the rotor. The asterisk on the orbit is the point of
maximum load transmitted and for this case it is indicated to be
64.4 1b. (286.45 N.)

If the system properties are used to calculate the position on the
stability map of Fig. 5, the point labeled 1 is obtained as shown in
Example 1. The system is thus seen to be operating just below the
threshold speed. An increase of rotor speed to 10,500 rpm gives the
position on the map labeled 2 which is seen to be unstable. This is
shown clearly in Figs. 6(b) and 6(c) where the journal is spiraling
outward at a whirl rate very close to one-half operating speed.

The response of a fluid-film bearing is typically plotted as the
motion of the geometric center of the journal in the clearance cir-
cle. This is equivalent to the orbit trace that would be observed on
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HORIZONTAL BALANCED ROTOR

NO. 11881
N = 10S00 RPN WT = 1.00
R = 1.00 IN. W= SO L8.
L = 1.00 IN. MUeS = 1.000 REYNS
C = S.CO MILS FMAX =  145.6 LB. AND
TRSMAX = 2.891 OCCURS AT  8.95 CYCLE
S = 2.800 WS = 3.86
sS= 0.700 ES = 0.139

(v)
Fig. 6(b) Journal orbit of a balanced rotor for cycles 6-10 (N = 10,500
rpm)

an oscilloscope showing the output of displacement probes mount-
ed on the bearing support and monitoring the journal motion. The
physical interpretation of an instability is demonstrated in Fig.
6(b) where the rotor speed is 10,500 rpm (Point 2 on Fig. 5). The
rotor is spiraling outward at a very high growth rate. In five revolu-
tions of the shaft the response has doubled. Thus the average
growth rate, a, for this system is calculated to be:
R = Rye®; [ = 0.005714 s/rev

therefore,

R — 2.0 = aG0285D

RO :
and hence

a = 24.26

The continuation of the motion for another five cycles is shown in
Fig. 6¢c. The growth rate is greatly reduced (¢ = 8.53) and a limit
cycle is formed which is as expected for the nonlinear system. The
stability analysis which uses linearized equations cannot predict
the limit cycle condition as was shown in the transient orbit.

The analysis of imbalance response in a nonlinear system may
be obtained by transient response techniques. The mass of the
rotor is considered to be displaced from the geometric center by an
amount E, = EMU = e,/ where ¢ is the radial clearance of the
bearing. Consider initially a rigid support system and an imbal-
ance given as EMU = 0.20. For a rotor speed of 6500 rpm the orbit
is shown in Fig. 7(a) for the case of a suddenly applied imbalance
and release of the journal from x = y = 0 at the time ¢t = 0. The re-
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HORIZONTAL BRLANCED ROTOR

NO. 13903
N = 10500 RPM W = 1.00
R = 1.00 IN, W= SO Le.
L= 1.00IN MUsS = 1.000 REYNS
C = S5.00 MILS FMRX =  197.9 LB. AND
TASMAX = 3.96 OCCUAS RT 14.96 CYCLE
S = 2.800 WS = 3.96
S5 = 0.700 €S = 0.139

Fig. 6(c) Journal orbit of a balanced rotor for cycies 11-15 showing mo-
tion near limit cycle (N = 10,500 rpm)

sponse has both synchronous and non-synchronous components
but at the end of only five cycles of motion the system is reducing
to predominantly a synchronous response. An increase of rotor
speed to 10,500 rpm (above the threshold speed) produces the un-
stable orbit shown in Fig. 7(b).

4 Stability and Transient Motion on Flexible
Supports

4.1 STABILITY ANALYSIS. The equations of motion as pre-
sented in equation (15) may be analyzed for stability by examina-
tion of the system characteristic equation. Assuming solutions of
the form X = XeM, the following characteristic determinant may
be written.

a+smne | | ;
+C, A 0 A2 0
& f '
—__l(l;—imml ——T_—“
o | *GA 0 e
S 2 TR SN (T S ¢ £:))
. : . |I xz:;iixl T+ K,y
T _:— T —T—_—'_—l_xz»,_cyy_x_
0 | X ! o

The resulting eighth-order polynomial in A may be expressed as
(16]

Apd + AT+ AN+ oo+ A+ 4y (19)
where
Ay = oa; + p3i=0,1,2,...,7,8 (20)
and
a, = (1 + 0m)ag, + Coyuy + Koy i
=0,1,2,...7, 8 (21)
with
ay=a, =0
a, = om
a; = C, + Cyy + 0m(C,, + C,)

+ om(K,, + K,, + C,,C,,

+ C,lK, + K

vy xx
- ?xyRyx]
+ Ey [_éyﬁxx + Exjyy - E'yxExy - Ex}KS'x]

ag = (1 + om)[K.K

XxXTTYY

HORIZONTAL UNBARLANCED ROTCR

NO. 2179)-€
N = 6500 RPM WT = 1.00
R = 1.00 IN. W= SO L8.
L= 1.00 IN. MUeS = 1.000 REYNS
C = 5.00 MILS FMRX =  135.2 LB. AND
TRSMRX = 2.70 OCCURS AT  0.86 CYCLE
S= 1.733 WS = 2.45
SS = 0.433 ES = 0.211
EMU = 0.20 FuU = 58.8S LB.
SU = 1.446 FURARTIO = 1.20
TROMRX = 2.26 ESU = 0.244

(a)

Fig. 7(a) Journal orbit of an unbalanced rotor on rigid supports for five
cycles (N = 6500 rpm, W = 50 Ib. (22.68 kg), C = 0.005 mils (0.0127
cm.), L/D = Y%, Eu = 0.2)
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+ K K + Ky + CuCyy — CiyCul
KoKyl + K [Cy K, + C,K,,

— CpKyy —
ag = K,[KuKy, = KKl

a; = Ey mxxl?yy -
Co il

Also,

By = —O6m
,81 = _6 - C

y

w(1 + &m)
By = =K, — C,Cyy — (1 + Sm)K,,

33 = _Kyéw - E&Kw

The characteristic equation given by equation (19) may be ex-
amined by the Routh criteria [16] to determine the onset of insta-
bility. The equations were programmed on a digital computer and
an extensive study of the lowest stability threshold speed was de-
termined for various values of dimensionless support parameters.
The results of this investigation are plotted as a dimensionless sta-
bility parameter, ws = wV'mec/W, versus the dimensionless steady
state equilibrium position of the journal which is denoted as ¢. For

HORIZONTAL UNBALANCED ROTOR

NO. 2178}
N = 10500 RPM WT = 1.00
R = 1.00 IN. W= SO L8.
L= 1.00 IN. MUeS = 1.000 REYNS
C = 5.00 MILS FMRX =  248.7 LB. RND
TASMRY = 4,87 OCCURS AT  8.95 CYCLE
S = 2.800 WS = 3.96
S = 0.700 ES = 0.139
EMU = 0.20 FU = 156.4S LB.
Su = 0.895 FURRTIO = 3.13
TROMAX = 1.58 Esu = 0.342

(o)

Fig. 7(b) Journal orbit of an unbalanced rotor above the stability thresh-
old speed (N = 10,500 rpm, ws = 3.96)
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Fig. 8 Stability map for the d
bearings (Kg = 0.1, my/m = .1)

ped, flexible support rotor on short journal

the horizontal rotor system under 1-g loading the stability parame-
ter reduces to w; = w V/¢/g. This parameter has been widely used
to express the stability of short journal bearings [11, 14, 20, 21].
The equilibrium position of the journal may be expressed in terms
of the Ocvirk number, S;. In addition, it is easily shown that

mc —
Wy = WS, (22)
where
— 2
W= 21W (Z_Q) nic (23)

uLD L W

This parameter is defined as the load number of the bearing and
may be used on the stability map to determine the operating ec-
centricity for a given rotor bearing configuration.

The stability map shown as Fig. 8 was plotted for a specified
value of support stiffness, Kp, and mass ratio, ém = m,/m. Stabili-
ty boundaries for numerous values of support damping are shown
on the figure to illustrate the effect of damping on the threshold
speed. For example, Fig. 8 indicates that (for Kg = 0.1, 6m = 0.1)
the threshold speed may be raised significantly above the rigid
support threshold speed (shown as dash-dot line) for a damping
value of Cg ~0.5. In addition, it is easily observed that a lightly
damped support system (Cg ~ 0.001) reduces the onset of instabil-
ity for bearings having ¢ < 0.7. This effect will be examined in
greater detail later in the discussion.

The load lines indicated by dashed lines trace the journal eccen-
tricity of a rotor as the running speed is increased or decreased.
For heavily loaded journals (W > 100) it is evident that the stabili-
ty is greatly increased beyond the corresponding onset speed for a
lightly loaded journal (W < 50). The stability map also indicates
an optimum damping value for maximum increase of the stable

9



HORIZONTAL BALANCED ROTOR

N = 10300 RPM. TRO-8 =

WJ = S50.0 LB. TRD-S =

W8 = 5.0 L8. MJuS = 1.0000 REYNS
EMU = 0.00 LD = 0.500

fFU = 0.0 LB. CL = S.00 MILS

FO = 0.00 LB. EN = 0.00

FHX =  0.00.L8. ENX = 0.00

FHY = 0.00°L8. ENY = 0.00

KBXe-3 = 1 LB/IN KBYp-3 = 1 LB/IN

C8X = 20.0 LB-SEC/IN CBY = 20.0 LB-SEC/IN
FMAXB = 181.3 LB. AND OCCURS AT 0.83 CYCLES
FMAXS = 6.1 LB. AND OCCURS RT 0.05 CYCLES

(a)

Fig. 9(a) Rotor relative motion showing stabilized response (N = 10,500
rpm, ws; = 3.96)

operating speed range. An overdamped support system (Cgp >
10.0), reduces the threshold speed to the rigid support onset speed.
Consider the following rotor system which will be used to illus-
trate the effects of support properties on stability and transient re-
sponse.
Example 2:
rotor weight—50 1b (22.68 kg)
journal weight (each)—25 1b (11.34 kg)
journal radius—1 in. (2.54 ¢m)
journal clearance—.005 in. (.0127 cm)
support weight (each)—5.0 1b (2.268 kg)
support stiffness—1000.0 Ib/in. (1751.26 N/cm)
support damping—20 lb-s/in. (35.03 N-s./cm)
viscosity—1.0 X 107> Reyns
This rotor system produces the following dimensionless values:

6m = 5.0/[(50 + 2(25))/2] = 0.1

Ko = 1000.0 - o1
B~ ﬂ(50(386) )_ :
386  50(.005)
C,-—2  _ o556
50 /50(386)

386/ 50 (.005)

27 (50)

.010.% /50(,005)
W )V 3geo) — O

1 x 107 (@)
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HORIZONTAL BALANCED ROTOR  w. wem

N = 31500 RPM. TRD-B8 =

WJ = 50.0 LB. TAD-S =

kB = 5.0 LB. MUsS = 1.0000 REYNS
EMU = 0.00 L/D = 0.500

FU = 0.0 LB. CL = 5.00 MILS

FO = 0.00 L8. EN = 0.00

FHX = 0.00 LB. ENX = 0.00

FHY = 0.00 LB. ENY = 0.00

KBXa-3 = 1 LB/IN KBYa-3 = 1 L8/IN

CBX = 20.0 LB-SEC/IN CBY = 20.0 LB-SEC/IN
FMAXB = 649.0 LB. AND OCCURS AT 3.18 CYCLES
FMRXS = 8.4 LB. AND OCCURS AT 4.00 CYCLES

(»)

Fig. 9(b) Rotor relative motion at the threshold of stability (N = 31,500
pm, w; = 11.9)

If the rotor speed is 10,500 rpm the previous discussion of rigid
support bearings indicated that the rotor would be unstable. The
stability parameter is calculated to be:

50 (386)

50 (.005) 3.96

w, = 10500 (21)/

The equilibrium eccentricity is calculated to be 0.139 and the
point labeled 2 on Fig. 8 indicates the system with the damped
support giving Cg = 0.556 should be very stable. The transient re-
sponse of the balanced rotor is shown in Fig. 9(a). The rotor is in-
dicated to be very stable as shown by the rapid decay of the tran-
sient to the steady state eccentricity. An increase of rotor speed to
31,500 rpm produces the Point 3 on Fig. 8 and is very near the
threshold speed. This is clearly indicated by the transient response
shown as Fig. 9(b) where the journal continues to orbit at approxi-
mately half-frequency indicating near zero damping at this speed.
An increase of speed to 45,00 rpm places the journal above the
threshold as shown by Point 4 of Fig. 8. The response for this con-
dition is given in Fig. 9(c) and the motion is growing exponentially
and would eventually grow into a large limit cycle response. The
support system has increased the stability threshold speed by a
factor of 4.75 beyond the rigid support threshold speed.

The effect of decreasing the support stiffness, Kz = 0.01 is
shown in Fig. 10(a) and it is indicated that for values of damping
Cgp < 0.5 the threshold speed has been increased significantly be-
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yond that for K = 0.1. By increasing the support stiffness to Kg =
1.0 with 6m = 0.1, the optimum damping values remain at approxi-
mately Cg ~ 0.5-1.0 and the lightly damped support threshold
speed is slightly better than in Fig. 8, but still below the rigid sup-
port onset speed (see Fig. 10(b)). The stability maps shown as
Figs. 10(c) and 10(d) clearly indicate that an increase of support
mass greatly reduces the maximum onset speed whereas a lighter
support system can be designed to increase the threshold speed to
extremely high values for support damping values between Cp =
0.01 and 1.0. The overdamped condition (Cg > 10) remains at
about the same threshold speed for all the variations considered in
this series of stability maps.

The importance of proper design of support structures is further
illustrated in Fig. 11(a) where, for the specific condition of Kg =
1.0 and ém = 0.1, the optimum support damping is indicated to be
Cg ~ 1.0. This value of damping would be ideal for both the lightly
loaded and heavily loaded condition. Fig. 11(b) indicates that by
reducing Kp to 0.1 with m = 0.01 the range of acceptable support
damping is greatly increased. However, for the heavily loaded sys-
tem (W > 100), the optimum damping must be properly chosen to
insure the greatest stable operating speed range.

These stability maps indicate that the plain journal bearing can
be designed with a flexible damped support such that the stable
operating speed range is greatly extended beyond the rigid support
threshold speed. Equally important, the analysis indicates that im-
proper support design could possibly lower the threshold speed
below that which would be obtained for rigid supports.

HORIZONTAL BRLANCED ROTOR

NO. 42712
N = 45000 RPM. TRD-B =
WJ = S0.0 LB. TRD-S =
WB = 5.0 LB. MUaS = 1.0000 REYNS
EMU = 0.00 L/D = 0.500
FU = 0.0 LB. CL = S5.00 MILS
fO0 =, .. 0.00 L8. EN = 0.00
FHX = 0.00 LB. ENX = 0.00
FHY = 0.00 LB. ENY = 0.00
KBXe-3 = 1 LB/IN KBYa-3 = 1 LB/IN
CBX = 20.0 LB-SEC/IN CBY = 20.0 LB-SEC/IN
FMAXB = 1123.3 LB. AND OCCURS AT 3.28 CYCLES
FMAXS = 21.39 LB. AND OCCURS AT S.00 CYCLES

T

(c)

Fig. 9(c) Rotor relative motion for five cycles showing instability (N =
45,000 rpm, w, = 17)
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Fig. 10(a) Stability map for the damped, flexible support rotor on short
journal bearings (Kg = 0.01, m{/m = 0.1)

4.2 TRANSIENT RESPONSE ANALYSIS. Stability maps
such as the ones presented in the previous section of this paper are
of great value due to the amount of useful information contained
on a single plot. The analysis of time-transient response of rotor
systems cannot be presented in such a compact form. However, the
amount of design information obtained from an actual time-tran-
sient response analysis for a specific rotor system easily justifies
the effort required to produce and interpret the results.

The technique for calculation of the transient response has been
discussed in detail in several references (11, 22]. The initial value
problem requires only that the displacements and velocities of the
rotor system be given at a specific initial starting time. From this
information the nonlinear fluid-film forces may be calculated (as
shown in equation (3)) and any other forces specified as a function
of time, displacement, and velocity may also be included in the
simulation.

The equations of motion in dimensionless form are expressed as
follows:

Fx(X: Y’)Ey i.)

X+ )‘éj - mew + E, cos(T)
J
+ —71 JAGKES LM X) (24a)
2mew;” ¥ 2mw; 1 j
Fov v, - DL XD g (g
i
_ 1 g C, .
+ — L )
2mew; 70 cw 2mw, (Y, + Y;) (240)
5711{' ~1—(F - F X Y)o( ff))_ K X
Ay — HIC(.L‘J-2 Px X 3 ’ > i [—l‘x‘x'z‘””wj 1
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Fig. 10(b) Stability map for the damped, flexible support rotor on short
journal bearings (Kg = 1.0, my/m = 0.1)

+ & s Yy o+ C o ).(1 + St I;IJ (24c)
mw; mw; mw
Sy, = — (F,, — F,(x, v, X, D), — [ By y
U7 mew;s T v o s A mw; !
C, C o C . g
= vy 4+ — 57 244
mw; Xi mw; h mw; X ] —om cw; (244)

where the equation for F(x,y,%,y) is given by equation 4.

The addition of a flexible, damped support system has been
shown in Example 2 to greatly increase the threshold speed if the
support is properly designed. There are instances where the sup-
port can be poorly designed and produce no harmful results as long
as the rotor speed remains below the stability threshold. However,
the bearing and support loading will in most all cases be higher
than if the support system were properly designed.

It was seen in the transient orbits shown in Fig. 9 that by proper
design of the support system for the rotor of Example 1, the stabil-
ity threshold could be increased from 6500 rpm to over 31,500 rpm.
The transient orbit analysis for the nonlinear system also shows
that even well above the stability threshold at a speed of 45,000
rpm, the unstable motion increases with a small growth rate. The
design conditions for the support system is given by Example 2
with K, = 0.1.

C, = 0.556 and 6,, = 0.1

It is important to note that it is extremely difficult to determine
the optimum damper support system by use of the time-transient
program for the integration of the nonlinear equations of motion.
In the initial phases of the investigation of the influence of the
damper support system on journal stability, the time-transient
program was developed and run prior to the development of the
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Fig. 10(c) Stability map for the damped, flexible support rotor on short
journal bearings (Kg = 0.1, my/m = 1.0)

linearized stability analysis. Numerous runs were made with the
time transient program to incorporate various damper combina-
tion to stabilize the rotor orbits as shown in Figs. 6 and 7 at 10,500
rpm with little success. It was only after the linearized stability
analysis was developed that the successful damper combination as
shown in Fig. 9 was arrived at.

Example 3—Off Tuned Support System. Consider the system of
Fig. 12 in which the support stiffness is assumed to be K = 10,000
1b/in. and the support damping is C, = 200 Ib s/in.

— 10,000 lb/in. — 200
Kb~_m2— _l.O,Cb—W—E).sG

The stability chart corresponding to the damper parameters of
Ky = 1.0 and 6,, = 0.1 is given by Fig. 10(b). At a speed of N =
6500 rpm as shown in Fig. 12(a) the rotor shows a very stable ellip-
tic orbit about the equilibrium position of ¢ = 0.211. It is of inter-
est to note that for this level of unbalance, the synchronous elliptic
journal orbit can be predicted accurately by use of the linearized
bearing coefficients. Fig. 12(b) represents the absolute motion of
the support system. The support system has a static vertical dis-
placement of 0.0055 in. due to its 50-1b weight of the journal and
5-1b weight of the support housing acting on the 10,000 Ib/in. sup-
port spring rate. The dimensionless vertical equilibrium position
of the support system is Y = —0.0055/C = —1.1. The absolute mo-
tion of the support housing is a circular synchronous orbit of di-
mensionless radius 0.2 caused by the imbalance dim. eccentricity
of EMU = 0.20.

From Fig. 10(b), the value of C» = 5.56 represents excessive
damping and the stability curve will be close to the Cz = 10 curve.
Although the support system damping is excessive, the stability
threshold is still increased by about 25 percent over the rigid sup-
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Fig. 10(d) Stability map for the damped, flexible support rotor on short
journal bearings (Kg = 0.1, my/m = 0.01)

port condition.
The system stability would only be reduced below the rigid sup-
port condition in the case that the support damping drops below

100

Cp = 0.1. In this example, this would be equivalent to a reduction
in the damping from 200 1b s/in. to less than 4 1b s/in. Therefore we
see that if the support system losses its damping, the stability
threshold is reduced below the rigid support condition. There have
been instances reported where rotating machinery would suffer
from violent bearing instability when the rotor casing was not
firmly anchored down. Upon securely bolting down the casing, the
whirl instability would disappear. This is similar to the situation of
the introduction of support flexibility without any accompanying
support damping which is required for stabilization.

If the rotor speed is increased from 6500 rpm to 10,500 rpm, the
system is no longer stable as shown in Fig. 14. Fig. 14(a) shows
that the journal has a substantial fractional frequency whirl orbit.
It is apparent from the examination of the journal and support or-
bits that the system is operating well above the stability threshold.
The orbit of the support housing has increased over 2-'% times the
support housing motion at 6500 rpm. In an attempt to reduce the
whirl orbit experienced at 10,500 rpm, a case was run with the
damping increased to 400 lb-s/in. The resulting whirl orbit was
much worse than the orbit obtained with 200 lb-s/in. damping in
the system. Upon the development of the stability threshold map
as shown in Fig. 10, it is readily apparent tkat in order to increase
the stability for this system, the damping should have been re-
duced rather than increased. The optimum damping for Kg = 1.0
lies between Cp = 0.5 and 1.0 which represents damping values of
18-36 lb-s/in.

Although the damping in Fig. 13 is excessive, and the rotor is
unstable at 10,500 rpm, the resulting limit cycle will still be smaller
than the motion obtained with the rigidly supported journal as
shown in Figs. 6 and 7.

The properly designed support system cannot only greatly im-
prove the threshold of stability of the hydrodynamic journal bear-
ing, but it can result in a substantial attenuation of the forces
transmitted through the support structure due to imbalance. Fig.
14 represents the journal at 10,500 rpm with the optimum support
damper as given in Example 2 with Kg = 0.10, Cg = 0.556 and §,,
=0.1.

One of the important questions besides the stability threshold
characteristics is what will be the size of the rotor orbit and the
journal and bearing forces transmitted through the system. At
10,500 rpm, the dimensionless imbalance eccentricity of EMU =
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Fig. 11(a) Stability map showing the threshold speed versus support damping (Kg = 1.0, mi/m = 0.1)

Journal of Engineering for Industry

13



100

; AT N N
00 A1 100 \ 500
» — 10 \ \
1 W=
///f =TT\ \ \ .
10 / \ \
s \\ N n
a \\ A .
3
I /
3 / Wg =\/;—VV-C
1
— iGN
Kg = "2;2 =01 *
m1/m = 0.01
0.1 1 L1
103 102 107 1 10 100

_ Cg
SUPPORT DAMPING, Cp =
mwg

[DIM]

Fig. 11(b) Stability map for reduced support stiffness and damping indicating a larger region of stable operation
(KB =01, my/m= 0.01)

HORIZONTAL UNBALANCED ROTOR

N o 8500 APM o118 HORIZONTAL UNBALANCED ROTOR
:.Bl : Sg.g lig. E%S== 0):58800 SEYNS N = 6500 APM. NO.11389%
= ‘ - . WJ = S0.0 LB. MUeS = 1.0000 REYNS
EMu = 0.20 CL = 5.00 MILS W8 = 5.0 LB. L/D = 0.500
FO = 0.00 LB. EN = 0.00 EMU = 0.20 CL = 5.00 MILS
FHX = 0.00 LB. ENX = 0.00 FO = 0.00 LB. EN = 0.00
FHY = 0.00 LB. ENY = 0.00 FHX = 0.00 LB. ENX = 0.00
KBXn-3 = 10 LB/IN KBYa-3 = 10 LB/IN FHY = 0.00 LB. ENY = 0.00
CBX = 200.0 LB-SEC/IN CBY = 200.0 LB-SEC/IN KBXe-3 = 10 LB/IN KBYe-3 = 10 LB/IN
CBX = 200.0 LB-SEC/IN CBY = 200.0 LB-SEC/IN
g
8] ]
dj 1
] ]
8] ]
1 J
8 i
(=]
<" ~
T ] 1
)—§ 4
§. E
‘J—A -
L 4
4 1
§ E 4
B S . a e e B At SO
13,000 -2.000 -1.000 0.000 1.000 2.%9 3.000
X-DIR.
(2) (v)
Fig. 12(a) Journal relative motion on flexible supports showing steady- Fig. 12(b) Support transient motion (N = 6500 rpm)

state elliptic orbit (N = 6500 rpm, w; = 2.45)

14 Transactions of the ASME



0.2 represents a rotating load of 155.6 lb. The maximum force
transmitted through the bearing is 249 lb which represents a dy-
namic transmissibility through the bearing of TRD-B = 1.591.
Normally a dynamic transmissibility in excess of one is considered
undesirable as this indicates that the rotating imbalance force has
been amplified. That is, more force is being transmitted through
the bearing than would be if the bearing were perfectly rigid. How-
ever, with the damper support, only 33.6 lb. force is transmitted
from the support system to the base. Therefore the dynamic trans-
missibility that is felt by the surrounding foundation has been
greatly attenuated since TRD-S = 0.214. Hence it is seen that a
well designed damper support can cause a great reduction in the
forces transmitted through the foundation. In the extensive study
conducted on the nonlinear transient analysis of journal bearings
[22], it is observed that with imbalance the journal dynamic trans-
missibility was usually greater than one. Therefore it appears that
the damper support can reduce the dynamic transmissibility which
should promote smoother turbomachinery operation.

5. Conclusions

The following observations and conclusions may be stated con-
cerning the results that have been presented in this paper.

1 The use of a flexible damped support system may greatly in-
crease the stability threshold of the plain journal bearing.

2 Lightly loaded rotors with low load parameters (W = 1) are

HORIZONTAL UNBALANCED ROTOR
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Fig. 13(a) Journal transient response for an overdamped support (N =
10,500 rpm, Eu = 0.2)
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more difficult to stabilize than heavily loaded rotors in which the
load parameter W is greater than 100.

3 For lightly loaded rotors, the optimum damper support may
increase the stability threshold over four times of that obtainable
with the rigidly supported plain journal bearing. The maximum
stability threshold in RPM with an optimum damper support for a
lightly loaded rotor is given approximately by

w

N, = 100
mce

(25)

4 The damper support performs most effectively when the
support housing weight is kept less than the rotor weight. If 5, ex-
ceeds unity, then the damper support system will provide little in-
crease in stability above the rigid support values.

5 If the bearing support stiffness Kp is excessive (>5) then the
high stiffness will prevent the damper support from improving the
journal stability. The preferential support stiffness design value
should be K, < 1. Hence the support stiffness should be designed
such that

K, = Mwg® = m(ﬂ) -

mce C (26)

For example, with a 50-1b journaland a 0.005-in. radial clearance
bearing, the support stiffness should be 10,000 Ib/in. or less.

6 It may be difficult to improve the stability of high speed
light weight rotors with a damper support system because of the
low support flexibility required.
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Fig. 14(a) Journal response for improved support characteristics (N =
10,500 rpm, Eu = 0.2)

7 'There is an optimum support damping that should be incor-
porated with the flexible support. If the support damping Cp ex-
ceeds 10, then there will be little beneficial effects from the damp-
er in promoting stability. The optimum design range of Cg should
be between approximately 0.5-1.0. Hence the actual damping
should be designed as

C, = (0.5 — 1.0) Mwg = (0.5 — 1.0) ]/M—g’ @7)

For example, the optimum support damping for a 50-1b horizontal
gravity loaded rotor with a 5-mil bearing clearance would be be-
tween 18-36 lb-s/in.

8 If the support damping becomes too light (Cp < 0.1) then the
support flexibility will cause a reduction of the stability threshold
below the rigid support values. Therefore, the loss of damper fluid
in a squeeze film damper system operating well above the rigid
support stability threshold could result in a violent whirl motion
which is more severe than the whirl orbit of the rigidly mounted
bearing.

9 The nonlinear time-transient method of analysis may be
used to investigate the journal limit cycles on rigid or damped sup-
ports. For stable operation with low values of imbalance (EMU <
0.2) then linearized bearing theory may be used to adequately pre-
dict the rotor synchronous whirl orbits. However, for unstable op-
eration or large levels of imbalance, then the nonlinear time-tran-
sient method must be used to determine the journal limit cycles
and forces transmitted.

10 High values of imbalance can cause the journal motion to
change from nonsynchronous to synchronous in both the horizon-
tal and vertical rotors. However, the introduction of deliberate im-
balance in a journal in order to stabilize it is not recommended be-
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Fig. 14(b) Support system response for five cycles (Ks = 0.1, Cg =
0.556)

cause of the forces transmitted.

11 The vertical balanced unloaded journal is inherently unsta-
ble in a rigid or a damped flexible support. However, the limit
cycle motion is considerably smaller with the damper support.

12 Even if the support stiffness and damping characteristics
are excessive, the resulting whirl orbits obtained above the stabili-
ty threshold will be smaller than that obtained with the rigid
mounted journal bearing.

13 The nonlinear analysis indicates that with a well designed
support system, the threshold of stability may be considerably ex-
ceeded with only small limit cycle whirl motion.

14 It is difficult to operate the journal bearing on rigid sup-
ports with imbalance values EMU > 0.2 and keep the dynamic
transmissibility below unity.

15 With a well designed damper support, the dynamic trans-
missibility from the support to the foundation can be kept well
below unity even for large rotor imbalances. Therefore damper
supports should promote smoother and quieter machine operation
due to the suppression of oil whirl and the attenuation of the rotat-
ing unbalance forces.
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