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ANALYSIS OF UNIT 4ID MOTOR FAN BEARING 

I. DISCUSSION AND CONCLUSIONS

1.1 Background and Introduction

The AC motor bearing under study has had a history of high temperature and overheating, 

particularly in the summertime. The object ofthis investigation was to evaluate the performance 

characteristics of the motor bearing with respect to the temperature characteristics and bearing 

lubrication. The motor in question is an Allis-Chalmers Series 45647, frame H5164 motor. The 

motor is rated for 4,000 HP and the motor was uprated from 715 RPM to 894 RPM . 

The motor rotating element weighs approximately 8,500 lbs. The total motor weight is 

23,300 lbs. The motor length is 97 in. The bearing diameter is 7.50 in. and the total bearing 

length is approximately 7.75 in. The effective length of the bearing for carrying load is 6.0 in. 

The bearing is a split half bronze sleeve bearing with an effective bearing arc of 120°. There is 

an oil supply groove of approximately 30° on each side of the bearing. The bearing is currently 

lubricated by two oil rings. 

A number of aspects of the motor bearing system were evaluated. First, the critical speeds 

of the motor were computed. The motor manufacturer claims a critical speed of 4,875 RPM. 

The computation of the critical speed showed that it could be as low as 2,000 RPM. This is 

sufficiently above the operating speed to not represent a problem. 

The next step of the study was to analyze the load capacity, bearing stiffness and 

damping, and temperature rise in the sleeve bearing. Calculations were made for the bearing 

under various conditions of bearing clearance, load, and speed for the temperature rise and 

required oil flow requirements. The sleeve bearing is classified as heavily loaded and a positive 

oil supply system must be provided to the bearing to prevent overheating with conventional 

lubricants. 

A bearing cartridge was supplied to RODYN Vibration for evaluation. A finite element 

model was generated for the sleeve bearing and a deflection and stress analysis was performed 

on the sleeve liner. The sleeve is only partially supported by the bearing housing. The center 

portion is not supported, in order to allow for clearance for the rotation of the two oil rings. The 

analysis shows that the bearing deforms in the center and may rub on the ends. Examination of 

the bearing shell indicates rubbing on the bearing ends. The deformation of the bearing shell can 

also lead to heating. 
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1 DISCUSSION AND CONCLUSIONS Conclusions 

A fourth aspect of this study was to investigate the use of a synthetic lubricant for the 

motor bearing. A synthetic motor bearing lubricant has been used at the CP&L Asheville plant 

with great success. The synthetic lubricant Royal Purple has been used in the Asheville plant for 

motor bearings. The motor temperatures were reduced by the use of the Royal Purple oil. 

Information on this lubricant has been obtained from the manufacturer. The Royal Purple 

synthetic lubricant appears to be superior to other synthetic lubricants, such as Mobil 1, due to 

the use of a proprietary extreme pressure additive. 

1.2 Conclusions 

The 4,000 HP motor operating with ring lubrication has insufficient oil supply and is 

thermally unstable. Under summertime conditions with a warm oil sump, the oil viscosity 

reduces, causing less lubricant to be fed to the bearings by the oil rings. This results in a higher 

temperature rise. The temperature will continue to increase with time until unacceptable 

temperatures are attained. The temperature can be maintained to a minimal temperature rise by 

supplying at least one gallon of oil per minute to each bearing by a forced oil supply system. 

Another promising alternative is that it may be possible to operate the motor bearing 

without a forced lubrication oil supply by changing the oil lubricant to the Royal Purple synthetic 

oil with the Synerlec™ extreme pressure additive. The Royal Purple oil appears to micro-polish 

the bearing surface and ionically bond with the bearing material. This results in a reduced 

friction in comparison to either a standard petroleum oil or a synthetic oil such as Mobil 1. In 

addition, the oil slinger rings may be redesigned to add grooving or slots which can increase the 

amount of oil supplied to the bearing. Although the bearing will operate under boundary 

lubrication conditions, it is believed that the Royal Purple oil will lead to acceptable temperature 

levels of operation. 

Therefore, it is highly recommended that the ID motor fan bearings be tested with the 

Royal Purple oil and redesigned slinger rings. Temperature rise vs. time should be recorded with 

the standard Texaco R&O 68 oil and with the synthetic oil. The motor amperage should be 

recorded for an indication of bearing friction losses. 
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II. ANALYSIS OF MOTOR BEARING

2.1 Description of Bearing

The motor is supported by split half-sleeve bearings. The shaft diameter is 7.5 in. and 

the effective load carrying length of the bearing is 6.0 in. The top half of the bearing has two 

circumferential slots in it for the operation of the oil slinger rings. Figure 2.1 is a top view of 

the lower split half bearing. There is a circumferential groove on each end of the bearing. At 

the bottom of the grooves are oil drain holes. 

Figure 2.2 shows a side view of the lower sleeve bearing with the tapered oil feed 

grooves. The use of slinger rings is common with electric motors up to 2,000 HP. However, 

there is no information that oil slinger rings may be used successfully in a 4,000 HP motor. 

Figure 2.3 represents a typical slinger ring application in an electric motor. The ring rides on the 

top surface of the shaft carrying oil which is deposited to the oil relief groove. The amount of 

oil delivered is only about 1/10 of the oil required for full film lubrication. The bearing currently 

operates under marginal boundary lubrication with high heat being generated. 

2.2 Bearing Operating Characteristics 

2.2.1 Bearing Load Capacity 

The ideal fluid film bearing operates by generating a film of oil between the rotating shaft 

and the bearing. If there is an ample oil supply, then the rotating shaft does not touch the 

bearing. The oil supply also carries off a substantial amount of the heat generated in the bearing. 

For a given load, the film thickness between the shaft and the bearing increases with speed. 

The fundamental quantity governing the relationship between the bearing load and film 

thickness is the dimensionless Sommerfeld number. For a particular bearing type with a given 

length to diameter ratio, the Sommerfeld number establishes a unique relationship between the 

bearing operating variables of speed, loading, and eccentricity ratio. The Sommerfeld number 

is given by: 

Where: 

µ NS LD (R )2 
S(E) = --- -

W Cr 

µ = Dynamic Viscosity,

N
s

= Shaft Speed, RPS 
L = Bearing Length, in 
D = Bearing Diameter, in 
W = Bearing Load, Lb 
R = Journal Radius, in 

Lb-sec 
(Reyns) 

in2

C
r 
= Bearing Radial Clearance, in 
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Figure 2.1 - Top View of Motor Bottom Sleeve Bearing 

Figure 2.2 - Side View of Motor Sieve Bearing Showing 

Oil Feed Groove 
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2 ANALYSIS OF BEARING Bearing Load Capacity 

A low Sommerfeld number is an indication of a heavily loaded bearing, whereas a high 

Sommerfeld number represents a lightly loaded bearing. On motor startup, for example, there 

is metal-to-metal contact of the shaft with the bearing. If there is a proper oil supply to the 

bearing, then the shaft will lift off and establish an oil film between the rotating shaft and journal. 

Full shaft lift-off is seldom accomplished using oil rings to supply the bearing 

Figure 2.3 represents a typical industrial 1,700 HP motor bearing with oil lubrication rings 

provided. The advantage of this design is that the bearing is self-contained and does not require 

a separate oil supply. Figure 2.4 illustrates the two types of grooving used with ring-oiled 

bearings. The concept here is that the edge of the lower bearing sleeve will wipe oil off the ring 

into the bearing recess. The amount of oil supplied by this procedure is barely sufficient to wet 

the bearing surface. It is completely insufficient to supply a full film of oil. 

Figure 2.5 represents the bearing pressure profile at 100 RPM with a radial load of 5,000 

lbs. for a bearing diametrical clearance of 0.010 in. (10 mils). For this case, the Sommerfeld 

number is S = 0.0169 and the dimensionless bearing eccentricity ratio (E) is 0.917. At an 

eccentricity ratio of 1.0, the shaft is touching the bearing. The minimum film thickness under 

the shaft is given by: 

h
min 

= Cd (1-E) = 5 (1-.917) = .42 mils 
2 

Figure 2.6 represents the same bearing with the speed increased from 100 to 900 RPM. 

The bearing is operating at a lower eccentricity ratio of 0.61, which means that there is a thicker 

film between the shaft and the bearing. In this case, the minimum film thickness has increased 

from 0.41 mils to almost 2 mils, assuming full lubrication. 

Figure 2. 7 represents the bearing dimensionless eccentricity ratio vs. speed for the 10-mil 

bearing clearance. The bearing is considered to have established full film lubrication and lift-off 

when the operating eccentricity drops below 0.9. This occurs at about 100 RPM . Figure 2.8 

is derived from Figure 2. 7 and shows the actual minimum film thickness vs. speed for the case 

of the 10-mil diametrical clearance. This figure shows that if the bearing diametral clearance 

is 10 mils, then there will be a well established oil film of 2 mils at running speed. 

Figure 2.9 represents the bearing pressure profile and eccentricity at 400 RPM, with the 

bearing clearance increased from 10 to 20 mils diametral and the oil viscosity reduced from 2 to 

1 micro-Reyn. At 400 RPM, it is seen that the minimum thickness is: 

h
min 

= 20 mils 
(1-0.95) = 0.5 mils.

2 

Figure 2.10 shows the bearing pressure profile at 800 RPM with the 20-mil diametral 

clearance. The effective lower bearing arc for load capacity is only about 60°. 
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Figure 2.3 Typical Industrail Motor Bearing With Oil Rings 

(Fuller) 

Figure 2.4 - Two Types of Grooving Used in Ring-Oiled Bearings 
(Kaufman and Boyd) 
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CP&L MOTOR BRG, Cd=10 MILS,W=5,000 Lb,VISCOSITY=2 MICROREYNS 

Offset 
□ .DODO

Prelood
0.D000

Shaft Speed
100 RPM

Bearing Load
5000.00 Lbf

Max. Film Pressure 
560.64 psi 

Friction Power Loss 
0.03 hp 

Stiffness (Lbf /in) 
1.49E+07 4.85E+06 

2.03E+06 1.47E+06 

Damping (Lbf-s/in) 
7.46E+05 1.06E+05 
1.06E+05 4.93E+04 

The Equilibrium Po:sition i:s St□bh: 

V 

Somm�rfeld no 
0.0169 

E/Cb=0.9170 
Attitude Angle 

23.64 

Figure 2.5 - Motor Bearing Pressure Profile and Eccentricity 
At 100 RPM, Cd = 10 Mils 

CP&L MOTOR BRG, Cd=10 MILS,W=S,000 Lb,VISCOSllY=2 MICROREYNS 

Offset 
0.D000

Prelood
0.0000
Shaft Speed
900 RPM

Bearing Load
5000.00 Lbf

Mox. Film Pressure 
280.53 psi 

Friction Power Lo:s:s 
1.26 hp 

Stiffness (Lbf/in) 
3.06E+06 3.30E+06 

-2.61E+05 1.84E+06

Damping (Lbf-s/in)
6.27E+04 1.88E+04
1.88E+04 2.16E+04

Critic:ol Journal Weight - 393678.09 Lbf

V 

Sommerteld no 
0.1519 

E/Cb=0.60S6 
Attitude Angle 

48.78 

Figure 2.6 - Motor Bearing Pressure Profile and Eccentricity 
At 900 RPM, Cd = 10 Mils 
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CP&:L MOTOR BRG, Cd=10 MILS,W=-5,000 Lb,VISCOSllY ... 2 MICROREYNS 
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Figure 2.7 - Motor Bearing Dimensionless Eccentricity 
Ratio Vs Speed For Cd=l0 Mils 

CP&L MOTOR BRG, Cd=10 MILS,W=S,000 Lb,VISCOSllY=2 MICROREYNS 
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Figure 2.8 - Motor Bearing Minimum Film Thickness Vs Speed 
For W = 5,000 Lb, Cd = 10 Mils 

2.6 



CP&L MOTOR BRG, Cd-20 MILS, MU=1.0E-6, W=S,OOOLB 

Offset 
0.0000 

Prclood 
0.0000 

Shaft Speed 
+00 RPM

Beoring Load
5000.00 Lbf

Max. Film Pressure 
585.21 psi 

Friclion Pow<!'!r Loss 
0.18 hp 

Stiffness (Lbf/in) 
1.23E+07 J.30E+06 

1.53E+06 8.47E+05 

Damping (Lbf-s/in) 
1.26E+05 1.50E+04 
1.50E+04 5.18E+0:S 

The Equilibrium Position i!! Stobie 

y 

Sommerfeld no 
0.0084-

E/Cb=0.9491 
Attitude Angle 

17.64-

Figure 2.9 - Motor Bearing Pressure Profile And Eccentricity At 

400 RPM, Cd = 20 mils, Mu = 1.0 micro Reyns 

CP&L MOTOR BRG, Cd=20 MILS, MU=1.0E-6, W=5,000LB 

Offset 
0.0000 

Prelood 
0.0000 

Shaft Speed 
800 RPM 

Bearing Load 
5000.00 Lbf 

Max. Film Pressure 
550.64 psi 

Friction Power Loss 
0.54 hp 

Stiffness (Lbf Jin) 

7,43E+06 2.43E+06 
1.01E +06 7 .35E +05 

Damping (Lbf-s/in) 
4.66E+04- 6.62E+03 
6.62E+03 3.08E+03 

The Equilibrium Position i:s Stobie 

y 

Sommerfeld no 
0.0169 

E/Cb=0.9170 
Attitude Angle 

23.64 

Figure 2.10 - Moter Bearing Pressure Profile And Eccentricity At 

800 RPM, Cd = 20 Mils, Mu = 1.0 micro Reyns 
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2 ANALYSIS OF BEARING Bearing Load Capacity 

Figure 2.11 represents the minimum film thickness with the increased 20-mil diametral 

clearance and reduced oil viscosity. At 400 RPM, the minimum film thickness is 0.5 mils and 

only increases to 0.8 mils at 800 RPM. From this curve, it is apparent that with a larger bearing 

clearance and reduced oil viscosity, the bearing will be operating at a reduced film thickness. 

Thus, to maintain the film thickness of the oil film, the diametral clearance should be of the order 

of 10 mils and a higher viscosity is preferable. Figure 2.12 represents the HP losses of the 

bearing which increase with speed. 
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CP&L MOTOR BRG, Cd=20 MILS, MU=1.0E-6, W=5,000LB 
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Figure 2.11 - Motor Bearing Minimum Film Thickness Vs Speed 

For W = 5,000 Lb And Cd = 20 Mils 

CP&L MOTOR BRG, Cd=20 MILS, MU=1.0E-6, W=5,000LB 
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Figure 2.12 - Motor Bearing Horsepower Losses for Cd = 20 Mils 
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2 ANALYSIS OF BEARING Oil F/,ow Requirements 

2.2.2 Oil Flow Requirements 

The bearing oil supply required for full film lubrication may be approximated as follows.
It is assumed that the oil is supplied at the split line so that the rotation of the shaft pumps the
oil into the bearing clearance area. The shaft surface velocity is given by:

V = 9oo RPM x 21r x R = 353 in/sec
60 

for R = 3.75 in.

The total oil flow requirement is a function of the bearing pressure gradient at the inlet, rotational
speed, and film thickness as follows:

Q = ( Vh + _l_ dP ) x L · in 3/sec
2 12µ dx 

If the inlet pressure gradient is neglected and the film thickness h is approximated by the bearing
radial clearance, the approximate expression for oil flow is:

Q = VCr L = RPM x 

1T RL C 
2 60 

or

Q = v
avg 

X (Cr
L)

For a bearing diametrical clearance of Cd
= 10 mils, the oil flow at 900 RPM is given by:

Q = (176 in/sec) x (.005 in x 6 in) = 5.28 in 3/sec
= 316.8 in 3/min = 1..31 gpm

If the bearing radial clearance opens up to 10 mils (20 mils diametral), the required oil flow
doubles to 2.79 gpm.

Oil ring lubrication has been used with motor bearings with success with motors rated at
1,000 HP and lower. The use of oil rings to provide lubrication has been shown to be adequate
for lower rated motors than the 4,000 HP that is currently being used by CP&L. Figure 2.13
(Fuller) shows the quantity of oil that may be delivered by oil rings for a 3- inch bearing. The
oil flow is given in in3/revolutions of the shaft. In all cases, the oil flow per revolution reduces
with speeds above 200 RPM. This is because of the slippage of the oil ring on the surface of the
shaft. Comparing curves 1 and 3 in Figure 2.13, the grooved ring in medium oil provides
considerably more oil than the plain ring. Also, the use of a higher viscosity oil will deliver a
greater quantity of oil than will the light oil. This implies that as the oil heats up, the viscosity
reduces and, hence, less oil is delivered to the bearing. This could result in a further increase in
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2 ANALYSIS OF BEARING Oil Flow Requirements 

temperature. This would cause the bearing to become thermally unstable and the bearing 

temperature would continue to increase with time. 

In Appendix A, the oil viscosity characteristics of various oil lubricants, including a 

synthetic oil (Royal Purple Maxoil), are presented. The synthetic lubricant has a temperature 

viscosity index of 120. The viscosity index is an indication of how quickly the oil viscosity 

reduces with an increase in temperature. For example, a Gulf Oil benzine ring type oil is equal 

to O (the worst); whereas a Pennsylvania long-chain paraffin oil is listed as 100. The Royal 

Purple Maxoil has a viscosity index of 120, which means that it will not reduce in viscosity as 

rapidly as the best Pennsylvania type of oil. 

Figure 2.14 shows that as the temperature increases from 28°C (82°F) to 78°C (172°F), 

the oil flow from ring lubrication reduces by a factor of 4. Thus, excessive temperatures rapidly 

reduce the effectiveness of ring oil lubrication. However, if a synthetic lubricant is used, this 

effect is reduced because of the superior temperature-viscosity properties of the synthetic. 

Figure 2.15 shows the oil flow for two rings. The maximum oil is delivered at 100 RPM. 

As the speed increases, the oil flow remains constant. As the shaft speed exceeds 600 RPM, the 

amount of oil delivered actually reduces with speed. This is caused by the slippage of the ring 

on the shaft with speed. Thus, the increase in the motor speed from the original value of 715 

RPM to 894 RPM could cause a reduction in the amount of oil supplied to the bearing. Hence, 

the increased motor speed produces higher horsepower losses and less oil flow. This would cause 

higher bearing temperatures to occur. Note that a single ring can deliver at most 0.2 gpm, or 0.4 

gpm for two rings. The requirement for full bearing lubrication is 1.3 gpm. This implies 

boundary lubrication and metal-to-metal contact with ring oil lubrication. 

If the Royal Purple oil is used along with grooved lubrication rings, then it may be 

possible to operate the bearing during the summer without the need for an external oil supply. 

It is recommended that the bearing be tested with the synthetic oil and grooved oil rings to 

determine the resulting temperature rise. 
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(2) Plain ring, light oil
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Figure 2.13 - Oil Quantity Transfer Rates For 

Various Oil-ring Configurations (Fuller) 
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Figure 2.14 - Oil-ring Delivery As Influenced By 

Viscosity (Fuller). 
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2 ANALYSIS OF BEARING Oil Flow Requirements 

Table 2.1 represents the operating eccentricity, oil flow, and temperature rise experienced 

with full lubrication, assuming various bearing operating conditions of clearance and viscosity. 

The bearing characteristics were computed with the DYROBES-Becoef two-dimensional, finite 

element fluid film bearing program. In the first two cases, as shown in Table 2.1, the oil flow 

was computed assuming a constant oil viscosity for a full and a 120° partial arc bearing. The 

highest case of oil flow is with the low oil viscosity of 1.0E-6 Reyns and the large diametral 

clearance of 20 mils. In this case, the predicted oil flow is 3. 7 GPM and the bearing minimum 

film thickness is .83 mils. It is therefore apparent that the bearing design clearance of 10 mils 

is preferable, along with a higher oil viscosity. The later cases were computed with a variable 

viscosity, assuming ISO 68-type oil. Various values of inlet temperature were assumed. The 

average oil viscosity is computed from the program. The cooler the inlet temperature, for 

example, the less oil flow that is required. For the 10-mil bearing clearance, the required oil flow 

increases from .75 GPM at an inlet temperature of 80° to 1.46 GPM at an inlet temperature of 

160° . Therefore, an oil supply of 1 GPM to each bearing at an inlet temperature of 120° under 

normal operating conditions should be satisfactory. In this case, the temperature rise will only 

be approximately 16°. A worst case condition would be with an inlet temperature of 160°. This 

would require an oil flow of 1.5 GPM. The required oil flow to the bearing is approximately 

proportionate to the bearing clearance. 

2.13 





2 ANALYSIS OF BEARING 

2.3 Motor Bearing with Boundary Lubrication 

Boundary Lubrication 

The current motor bearing with the oil rings is operating under boundary lubrication 

conditions. This implies that full film lubrication does not occur between the shaft and the 

bearing. Under these conditions, as shown by Figures 2.13-2.15, the bearing may become 

thermally unstable. That is, under constant operating conditions of speed and loading, the bearing 

temperature increases, causing the oil viscosity to reduce, resulting in a further reduction of oil 

flow to the bearing. This causes additional heating in the bearing. 

In this section, some of the characteristics of boundary lubrication and the use of extreme 

pressure additives for reducing friction are discussed. The coefficient of friction in a bronze 

bearing has been investigated by Rippel and other investigators. For example, Figure 2.16 shows 

that under the conditions of full film lubrication, the coefficient of friction reduces with reduced 

values of ZN/P, where Z is the viscosity in centipoise, N is the operating speed, and P is the 

projected bearing pressure. After a minimum value is obtained, the coefficient of friction 

increases rapidly. This is a region of mixed lubrication. This region is caused by a breakdown 

of the fluid film, causing the asperities of the surface of the journal and bronze bearing to contact 

with local smearing. 

As the load on the bearing is increased, resulting in lower ZN/ P values, a maximum 

coefficient of friction value is obtained. This value essentially corresponds to metal-to-metal 

contact. In an attempt to reduce the coefficient of friction during metal-to-metal contact, fatty 

acid compounds are often added to the lubricant. As shown in Figure 2.17, the fatty acid 

lubricant molecule adheres to the bearing and journal surface. A chemical bonding is produced, 

such as iron stearate with the steel in the shaft. Iron stearate is a soap compound. For example, 

sodium stearate corresponds to "soft soap." 

The coefficient of friction is also influenced by temperature. For example, Figure 2.18 

shows that for a paraffin oil, the coefficient of friction increases with temperature. This is one 

of the effects that contributes to the thermal instability of the current motor bearing with oil ring 

lubrication. As the temperature in the bearing rises, the coefficient of friction also increases, 

leading to additional heat being generated. The introduction of fatty acid causes a threefold 

reduction in the coefficient of friction from .3 to .1. The coefficient of friction with fatty acid 

remains fairly constant up to a critical temperature in which the fatty acid begins to break down 

due to the temperature rise. The metallic soap is literally "cooked" from the journal surface. 

The use of extreme pressure additives can greatly reduce the coefficient of friction at the 

critical temperature. The three most common materials used as extreme pressure additives are 

phosphorous, sulfur, and chlorine. Experimental work shows that the thermal decomposition of 

the additive occurs during operation and a compound is formed with the metal surface, which 

reduces the friction or surface damage, or both. The phosphorous additives usually act by 

combining with the metal surface to form metallic phosphides. These films are similar to the 
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Figure 2.16 - Variations Of Coefficient Of Friction 
For Typical Bronze Sleeve Bearings (Rippel) 

Figure 2.17 - Fatty-acid Lubricant Molecules Adhering To Bearing 
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Figure 2.18 - Variation Of Coefficients Of Friction With 
Temperature For Several Lubricants Under Complete 

Boundary-lubrication Conditions (Rippel) 
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