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Foil bearings are a key enabling technology for advanced and oil-free rotating machin-
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ery. In certain applications, they provide a level of performance thar is difficult or im-
possible to match with other technologies. A number of reasonably successful analytical
techniques to predict bearing load capacity, power loss, and stiffness have been devel-
oped. Prediction of damping, however, has remained problematic. This work presents a
fresh look at the damping problem. Using a simplified representation of a bump foil, this
work considers explicitly adding the loud dependence of the friction force. This approach

is shown to provide a good maich 1o previous experimental data. Parametric study results
Sfor the various model parameters are presented to examine the characteristics of this
model. It is concluded that the load-dependent frictional force is important to consider
for a bump foil damping model. [DO1: 10.1115/1.2197838]
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Introduction

Since the first foil bearing paper was published 1953 by Blok
and Van Rossum [1], considerable progress has been made in the
design and application of these bearings. They have long been a
standard bearing choice for air cycle machines used for atrcraft
cabin pressurization [2] and are being used by at least one com-
mercial manufacturer of small microturbines [3]. Other applica-
tions proposed or developed range from turbo-expanders and
cryocoolers. to turbochargers [4]. An industrial plant air compres-
sor operating above a bending critical speed has also been dem-
onstrated and was reported to be in beta testing [5]. With advance-
ments in load capacity, temperature capability. and damping, some
are seriously advocating the use of these bearings in aircraft gas
turbines [6]. Thus, it is clear that foil bearings are a viable tech-
nology and can be successfully applied, at least for smaller ma-
chinery.

Analytical methods to predict foil bearing performance param-
eters have also been under development. Early work includes ef-
forts by Oh and Rohde for multi-leaf designs [7] and efforts by
Walowit et al. for the bump foil bearing [8]. More recent work
includes a number of papers by Ku and Heshmat [9-12], Heshmat
et al., [13], Peng and Carpino [14-16], Carpino and Talmage [17],
lordanoff et al. [18-20], Peng and Khonsari [21,22], San Andres
[23], and Kim and San Andres [24]. From this body of work. and
related experimental works, it seems that predictions of basic op-
erating parameters (load capacity, power loss, stiffness) can be
made with reasonable accuracy. Damping predictions have gener-
ally been more problematic. The analytical works vary somewhat
in their approach to the problem. One approach is the assumption
of a stiffness in parallel with an equivalent viscous damper calcu-
lated from the standard Coulomb friction equation. Complex/
hysteretic damping as well as more complex energy-based ap-
proaches considering actual bump loading and motion are also
suggested. Some of these seem complex to integrate with the dy-
namic model for the gas film.

[n addition to the analytical developments, there have been sev-
eral attempts to experimentally measure bump characteristics.
These include static loading response, dynamic stiffness, and
equivalent damping for a flat bump strip [11.25], as well as for
partial or full bearing assemblies [26-32]. These studies generally
support the idea that foil damping must be Coulomb-like, in that

Contribued by the Tribology Division of ASME for publication in the JOURNAL OF
TriBoLoGY. Manuscript received August 29, 2005; final manuscript received March
1. 2006. Review conducted by Michael M. Khonsari.

542 / Vol. 128, JULY 2006

Copyright © 2006 by ASME

the damping estimates decay with frequency. and change with
amplitude and load in roughly as would be expected from the
standard equivalent damping equation for Coulemb friction. How-
ever, there are some discrepancies which suggest the Coulomb
model does not capture all of the important features of the bump
foil physics.

In evaluating the various models of bump foil behavior. it
seems that desirable features for a model include

1. prediction of finite response amplitudes when excited at
resonance,

2. prediction of the bounded subsynchronous limit cycle fre-
quently observed when operating a foil bearing supported
rotor above a rotor-bearing system natural frequencies, and
providing a means of estimating the limit cycle amplitudes

3. providing a means of model parameter estimation tfrom
readily measurable characteristics, and

4. predicting behavior that is in reasonable agreement with the
experimental data.

Coulomb Friction in Parallel With Spring

The simplest candidate model combines a simple Coulomb fric-
tion with equal static and dynamic coefficients of friction, as in
Eq. (1). with a parallel spring as shown in Fig. 1. This model has
been proposed as part of several foil bearing dynamic models.

— pFOsign(x) X#0
T |- pFO<F < uF0 =0

To evaluate this model under static loading, the static load deflec-
tion may be compared to the load deflection presented as “Left
Pivot” in Fig. 6(a) of one of the Ku and Heshmat works [25]. This
comparison is shown in Fig. 2. For the purposes of comparison, an
oftset has been added to the model to improve the agreement of
higher loads during the initial loading portion of the cycle. The
inclusion of an offset seems like a reasonable approximation to
address the loss of contact at low load for several ot the bumps on
the six bump strip. as noted by the authors in the discussion of the
experimental data. As shown in the figure, it is clear, though, that
a simple Coulomb model does not agree very well with experi-
mental data.

The first difference is that the Coulomb model has the same
slope (stiffness) for loading and unloading, whereas the experi-
mental data show a higher slope (stiffness) for loading than un-
loading. The second difference is the initial unloading behavior.
The simple Coulomb model exhibits a constant displacement dur-
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Fig. 1 Coulomb friction damper

ing initial unloading, whereas the experimental data show a de-
creasing displacement. The other difference is the behavior at low
loads. The Coulomb model has a large force offset between load-
ing and unloading at no load. The experimental data show a return
to roughly the same zero location once load is removed.

To calculate equivalent dynamic characteristics, the friction el-
ement is frequently decoupled from the stiffness element and re-
duced to an equivalent viscous damping. Considering the energy
dissipation, the equivalent damping for a Coulomb friction ele-
ment is given by [33]:

. )

T X

eq (2)
where Fj is the constant friction force, w is the excitation fre-
quency, and X is the response amplitude. It can be shown that as
soon as the applied force is large enough to overcome the friction
and start to move, the amplitude at resonance is unbounded [33].
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Hence, the assumption of a standard simple Coulomb friction
model violates the observed foil bearing behavior of an ad-
equately damped response going through the lower rigid rotor
modes and the usual claim of significantly higher damping than a
rigid pad bearing under similar conditions.

Full Bump Model

A much more complex model is suggested by Walowit [8], with
later extensions by Ku and Heshmat [9,26,12]. In these works, a
fuller accounting is made of the physics, which include interac-
tions between applied load, friction forces, multiple bumps on a
single bump strip, as well as the stiffness of an individual bump.
This model obtains much better agreement with the static load
data. Unfortunately, the approach developed is more difficult to
apply than simple Coulomb friction. The only approach suggested
for estimating equivalent damping is via simulation and dissipated
energy. Due to the relatively large number of parameters, it is also
more difficult to use this model to obtain a basic understanding of
the fundamental characteristics of bump damping.

Simplified Bump Model

In an attempt to develop a simpler model which could offer
greater insight into the fundamental issues of bump foil damping,
various approaches to simplification of the multi-bump, multi-
friction interface were considered. The most successful approach
was to focus on a single bump, with friction limited to a single
interface. As will be seen, these two simplifications do not seem to
adversely impact the general behavior of the model. This ap-
proach provides a very good approximation to experimentally
noted behavior, yet remains fairly simple. The remainder of this
paper focuses on the development of this model and the explora-
tion of its characteristics.

From the perspective of a single bump, it is possible to progress
to a fairly simple model when a single friction interface is as-
sumed. This progression is illustrated in Fig. 3. It begins by re-
placing the distributed stiffness of a bump with two springs and a
pair of rigid links. This system can be reorganized and simplified
as shown in the final two-springs plus load-dependent friction
element system. The load-dependent friction element is assumed
to generate a force proportional to the applied load multiplied by
a friction coefficient. In the model, it is represented as a coupling
coefficient () multiplied by a friction coefficient (x). This system
is similar to a two spring system with Coulomb friction, but with
the important difference that the friction force is a function of the
total applied load.

The use of a load-dependent friction force is similar to that
reported for a beam with friction on a double-sided ramp reported
by Whiteman and Ferri [34]. They found that adding a
displacement/load dependence was beneficial with regards to con-
trolling vibration amplitudes. Menq et al. [35] discuss using a
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load-dependent friction force in a simple system. Using a two
term harmonic balance, this work reports results that indicate the
coupling coefficient plays an important role in the overall re-
sponse.

In developing the system equations for the simple bump model,
it will be assumed that the load-dependent friction element re-
sponds with a sliding force proportional to the applied load (lin-
early load-dependent Coulomb friction). For simplicity, it will
also be assumed that the static coefficient of friction is equal to the
sliding coefficient of friction. However, the model can be readily
extended to a more complex model, such as that advocated by
Lampaert et al. [36-38], which can include considerations of
presliding hysteresis, a Stribeck curve for high velocities, friction
lag, etc.

Adding a mass to the free end of the spring, assigning param-
eters, and labeling the degrees of freedom as shown in Fig. 4, a
nonlinear set of system equations can be obtained for positive
displacements (negative displacements are assumed to result in
lift-off, and therefore no force generation) as shown in Eq. (3):

M+ K\(x;—x5)=f
3)
K+ Ki(1 - yu)
Ki(1-yp)
Ky + K (1 + yu)
Ki(1+ yw)

x Ki(1 - yu)
le“"K](l"Y/‘)
%= Ki(1+ yu)
Ko+ Ky(1+ yp)

X, =0 otherwise

ifX; >0andx; > x,

1f4\| < 0and Xy < X2
One nice feature of these equations is that the simple bump model

response does not depend on velocity or acceleration. Thus, the
response of the friction element to displacement forcing at x; can

€

Fig. 4 Simple bump model with mass

be calculated very rapidly and easily by a simple difference equa-
tion as shown in Eq. (4). In this difference equation formulation, i
is the current step and i—1 is the previous step. Note that the
sliding conditions in the difference equation are the same as
above, but reorganized slightly.

x), = input

Ki(1-yu)
xl,—
K>+ Ki(1 - yp)

Ki(1+yp)
X[__———
K+ K (1+ yu)

X, otherwise

Xy, =

i

Static Response

As a first test of the simple bump model, a comparison will be
made to the load deflection presented previously. After adjusting
the parameters to provide roughly the correct peak load/
displacement point and unloading transition point, the comparison
is as shown in Fig. 5. As with the Coulomb response, a displace-
ment offset has again been added to the model response. This
figure shows surprisingly good agreement between the simple
three parameter model and the six bump strip loaded via a pivoted
plate, especially at higher loads once all bumps are active.

One interesting feature of the model is that it predicts that the
slope of the loading curve (and hence stiffness) is greater than the
unloading curve. It also predicts a transition region during the
initial unloading which has a much greater slope (and hence stift-
ness) than during loading or unloading. These two characteristics
match the experimental data trends. The constant stiffnesses dur-
ing loading and unloading are also interesting. They are due to the
linear load dependence of the friction force. The difference be-
tween loading and unloading stiffness is due to the interaction
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(4)

between spring K, and the load-dependent friction element, which
is also responsible for the high stiffness during the transition be-
tween loading and unloading.

Dynamic Response—Approach

With the model static response anchored to experimental results
for a flat bump strip, the dynamic response will be considered. To
evaluate the response, the nonlinear dynamic model can be inte-
grated using Runge-Kutta, etc. However, this process takes a con-
siderable length of time, particularly to perform a frequency
sweep for several different cases, nor is this approach well suited
to inclusion in an overall foil bearing analysis code, which really
needs equivalent linear characteristics to include in the prediction
of rotor dynamic coefficients.

One solution to this problem is to make use of the multiple
harmonic balance (MHB) approach [39.40]. Briefly, this approach
can be summarized as follows. Starting with the equations of mo-
tion for the mass-nonlinear element system written in the form of
Eq. (5), the excitation and response are assumed to be periodic
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Fig. 5 Simplified bump model versus Fig. 6(a), Left Pivot from
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and are represented by a set of truncated Fourier series with
matching fundamental frequencies as shown in Egs. (6) and (7):

mi(1) + g(x(r)) = f(1) =0

where
g(x(0) = K [x,(1) = x2()] (5)
x(£) = X0+ D, [X5 cos(kar) + X} sin(kwr)] (6)
k=1
f(t)=FO0+ 2 [F} cos(kwt) + Fy sin(kwt)] 7)

k=1

where g(x(r)) is the nonlinear force from the simple bump model,
and the other variables are as defined previously. The nonlinear
function g(x(r)) is calculated as the load generated in spring K;.
For the purposes of this work, a single frequency excitation plus
static load was assumed. The response includes a static offset, the
fundamental and multiple harmonics. Using the frequency domain
coefficients, an equation for the error between the applied force
and the force corresponding to the assumed displacement can be
written as in Eq. (8),

R=Z+G-F (8)
where aG=(G0,G$,G},...,G})T and F=(F0.F{F},....F})T
are the vectors of frequency domain components of the nonlinear

bump force and the applied force, respectively, and Z is a diago-
nal matrix of inertia forces given by Eq. (9).

0 0 0
0 -w’m 0
0
0 0 -wm .. (o1
Z= 9)
2 2
—-n‘w'm 0
0
[0l 0 - nw*m

The residual equation was solved as a set of nonlinear equations
using a trust-region dogleg method with finite differences to ap-
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Fig. 6 Time transient and MHB responses

proximate the Jacobian [41]. For the first point of a set of solu-
tions, the initial guess was the static displacement, with very small
sin and cos components at the fundamental frequency, and zero
for higher harmonics. For subsequent points, the previous point’s
solution was used as the initial guess. Some convergence difficul-
ties were encountered when passing through resonance. It was
found that using a new initial guess based on switching the syn-
chronous cosine and sine components when problems were en-
countered near resonance generally resulted in convergence.

As noted in [39], once a set of displacement harmonics is speci-
fied, the calculations can be done more efficiently by using a fast
fourier transform (FFT) and inverse fast fourier transform (IFFT).
For this work, an IFFT is used to generate a 256 point (for one
fundamental period) displacement time waveform. Two cycles of
this waveform are then used as input to the difference equation for
the nonlinear bump motion, to rapidly generate a time waveform
for the bump force. A forward FFT is then performed on the
second cycle of the resulting force waveform to calculate the set
of frequency domain force coefficients for the nonlinear bump
element. The use of only one cycle as a “settling” cycle was found
to be sufficient in the cases examined. The second and subsequent
cycles matched within a reasonable tolerance.

Comparison of MHB to Time Integration

As a first step, the frequency response of the simple bump
model to a slow sine sweep will be presented. Using the set of
bump parameters estimated from [25], and a mass of 15 kg, the
response to a 10 N excitation with a 100 N static load is presented
in Fig. 6. The shaded region is the time transient response to a
slow sine sweep (if the shaded region were magnified, it would be
seen as a set of very closely spaced sines of slowly increasing
frequency). The solid black line is the MHB estimate of the re-
sponse with the static offset and four harmonics. As can be seen,
the MHB agrees quite well with the time transient. The results
were examined for both increasing and decreasing excitation fre-
quencies. For the parameter set specified, no difference was noted.

An important feature of this plot is the generally well-damped
response passing through the region of the apparent natural fre-
quency. The ability of the simplified bump model with load-
dependent friction to pass through a resonance with finite ampli-
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Fig. 7 Typical harmonic components

tudes provides a significant improvement over simple Coulomb
friction, and more nearly reflects foil bearing operational experi-
ence.

It is also interesting to note that the general shape of the re-
sponse is qualitatively similar to several of the coast-down re-
sponses presented in [42]. In particular, several of the coast-down
responses presented in this reference show a gradual rise in am-
plitude as speed decreases, followed by a more rapid decrease in
amplitude once the rotor passes through the resonance. This
matches the general pattern of Fig. 6.

Figure 7 presents the harmonic amplitudes for the MHB solu-
tion. As can be seen, the response is primarily synchronous, with
some contribution from higher harmonics when the friction ele-
ment is active. This important result suggests that replacing the
nonlinear model with an equivalent stiffness and damping would
provide reasonable predictions of the overall dynamic behavior (at
least for this case).

Parametric Studies

With some level of confidence in the MHB solution, the next
step is to examine a number of parametric studies to evaluate how
the various parameters affect the frequency response. These stud-
ies consider response versus frequency for:

. variations in static load,

. variations in excitation amplitude,

. variations in friction coefficient, and
. variations in stiffness ratio.

LN -

For each case, three plots will be presented. The first is the peak
amplitude versus frequency. The second is the friction element
amplitude response. The third is the synchronous phase between
excitation and response calculated by combining the cosine and
sine components of the response at the excitation frequency into a
single complex response, then calculating the phase angle of this
response. It should be noted that several of the published experi-
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Fig. 8 Effect of static load

mental data sets correspond to frequency sweeps with a constant
excitation amplitude, as opposed to the constant excitation force
used for the frequency sweeps presented below.

Parametric Studies 1—Static Load

To evaluate the effect of static load on the model behavior, the
total amplitude response versus frequency for four static loads
(50, 100, 200, and 400 N) with a nominal dynamic excitation
(5 N) was computed using the MHB approach. The results are
presented in Fig. 8.

For the case considered, the effective damping decreases as the
ratio of static load to dynamic load increases, resulting in in-
creased amplitudes while passing through the resonance. The plot
of the friction element response amplitudes suggests that the de-
crease in damping is probably due to the friction element active
region occurring over a narrower frequency band for increased
load. This is probably due to the increase in break-away force for
the higher static loads. The phase angle plots confirm that the
response peaks are resonances, with an approximately 180 deg
change. They also agree with the amplitude results that indicate
decreasing damping with increasing static to dynamic load ratio
for a constant excitation force. As noted previously, most previous
work on bump damping has examined response for a constant
excitation amplitude. These works indicate increasing damping
with increasing static load to dynamic excitation amplitude. As
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Fig. 9 Excitation amplitude results

will be discussed later, the simple bump model does in fact predict
this trend when a constant excitation amplitude rather than con-
stant excitation force is considered.

Parametric Studies 2—Excitation Amplitude

To evaluate the effect of dynamic load on the model behavior,
the MHB approach is used to calculate the total amplitude re-
sponse versus frequency for four dynamic excitations (1, 5, 10,
and 19 N), with a nominal static load (100 N). The loads range
from fairly small to approximately the largest for which the MHB
would maintain convergent behavior without amplitudes large
enough to cause lift-off (i.e., negative displacements). This was
approximately 20% of the applied load in this case over the fre-
quency range considered. The results are presented in Fig. 9.

As with the static load results, the lowest damping occurs for
the largest ratio of static to dynamic load. However, in this case,
this response also has the smallest overall amplitude. It is inter-
esting to note that for this combination of parameters, the re-
sponse peak is flattened. For increasing dynamic loads, the overall
response increases, as does the friction element amplitude, and the
frequency range where the friction element is active. Considering
the slope of the phase response at the 90 deg point, damping gen-
erally appears to increase as the ratio of dynamic load to static
load decreases. The increased amount of friction element motion
also appears to provide a softening effect, as evidenced by the
decreasing frequency of the resonance.

Parametric Studies 3—Friction/Coupling Coefficient

To evaluate the effect of the friction/coupling coefficient, four
coefficients were considered (0.15, 0.2, 0.3, and 0.4) with nominal
static and dynamic loads (100 N, 10 N). This friction/coupling
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Fig. 10 Effect of changes in friction/coupling coefficient

coefficient ranged from somewhat less than the one tuned for the
flat bump data (0.22) to about twice this value. These results are
presented in Fig. 10.

Interestingly, these results tend to suggest an optimum value of
the friction/coupling coefficient with regards to minimizing dy-
namic response. Over the range considered, the largest and small-
est values result in larger predicted response amplitudes than the
intermediate values. For this parameter set, the tuned value pro-
vides one of the smallest responses. This makes some intuitive
sense. A very small friction/coupling coefficient would provide
very low energy dissipation, and hence low damping. A large
coefficient would result in bump locking, which degenerates the
model to an undamped spring. The optimum, however, is probably
system dependent. The friction element amplitudes and phase re-
sponses all change in order of coefficient magnitude.

Parametric Studies 4—Stiffness Ratio

To evaluate the effect of changing the stiffness parameters,
three ratios (3, 6, and 12) were considered. These range from
approximately half to approximately twice the tuned value. The
dynamic excitation was reduced to 5 N to maintain a no-lift-off
condition for all three cases. These results are presented in Fig. 11.

These results show a pretty strong and consistent effect of the
change in stiffness ratio, with the lowest ratio giving the highest
predicted amplitudes. These results tend to suggest that a stiffer
connection between the mass and the friction element is better.
This conclusion makes sense, as a softer connection reduces the
effectiveness of the friction element. Additionally, as the overall
system gets stiffer, the resonant frequency increases as would be
expected.
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Equivalent Stiffness and Damping

Two approaches to examining the equivalent linearized charac-
teristics of the simplified bump model will be presented. The first
is numerical using the simple bump-mass system. At an excitation
frequency well below resonance, a sweep can be made from static
load to a dynamic excitation equal to the static load (i.e., the
largest that can be applied without lift-off). The synchronous co-
sine and sine components can again be combined into complex
number, and the ratio of force to complex stiffness can be com-
puted at each sweep frequency. The magnitude of the real part of
this ratio is the linear equivalent damping, the magnitude of the
imaginary part divided by the excitation frequency is the linear
equivalent damping. The results of this calculation for the nominal
system are shown in Fig. 12.

A second approach to the prediction of equivalent damping is
via the work performed by a simple bump over a cycle [33].
Using the equations for the force versus displacement presented
previously, a closed form equation may be developed for the work
performed. Some care is necessary, since the average value of the
response is a function of both the static load and the dynamic
load. After a considerable amount of algebra, the energy-based
equivalent damping for conditions where the friction element is
moving without lift-off can be expressed as shown in Eq. (10).
This equation was evaluated for the nominal system and is as
shown in Fig. 12.

yulK1K2(yp)? + K12 + K1K2 - K1*(yw)*] FO
= (1= y) (1 + yu)(K1 + K2)? Twx
(yw*(K1+K2 - ypK1) FO?
T = ) (1 + yu) (K1 + K2)? meox?
(yw)*K1°K2 1
T - yw (1 + yw) (K1 + K2)? 7w

(10)
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Fig. 12 Equivalent stiffness and damping

The upper plots show that the simple bump model provides a
stiffness equal to K until the dynamic load is high enough for the
friction element to become active. Once the friction element is
active, the equivalent stiffness rapidly approaches a value closer
to the series combination of the two springs, as would be ex-
pected. This softening characteristic suggests that the behavior of
the simple bump model response at resonance is somewhat more
complex than a simple linear system in that once the amplitudes
grow due to resonant excitation, the system resonance rapidly
drops below the excitation frequency.

The equivalent damping is seen to initially increase, rapidly
reaching a peak, then decrease. Also shown on the equivalent
damping plot is a reference line decreasing at a rate proportional
to 1/x from the peak equivalent damping. As noted previously,
pure Coulomb friction decreases at a rate proportional to 1/x. This
plot shows the simple bump model providing slightly more damp-
ing. which helps explain the bounded amplitudes near resonance.
Since the simple bump model is a static model (i.e., displacements
only). the equivalent damping will decrease proportional to
1/frequency. In this sense, it is similar to a complex stiffness
model.

Comparison to Previous Work

The closest published experimental data to a single bump are in
the work by Ku [11], which presents dynamic coefficients for 2.5
and 5 wm amplitude, 1 Hz excitation of a flat six bump strip.
Comparing the experimental results to the bump model predic-
tions, the simple bump model stiffness and damping predictions
are of the same order of magnitude. The experimental results sup-
port the general trend of decreasing dynamic stiffness for increas-
ing excitation amplitude as predicted by the simple bump moc}el.
The experimental results for damping are less consistent, making
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it difficult to draw conclusions. With only two test amplitudes, it
is also difficult to compare the model’s prediction of a damping
peak.

Two other works [26,27] present limited experimental results
for a full bearing assembly. The results in [26] show a general
decrease in direct stiffness and direct damping with increasing
dynamic excitation amplitude. This agrees with the general trends
shown in Figs. 9 and 12. The experimental results show a general
decrease in direct damping with increasing excitation frequency,
which agrees with the previous discussion.

The results in [27] show a roughly linear increase in direct
damping with increasing static load, which agrees with Eq. (9).
The direct damping again generally decreases with increasing ex-
citation frequency. The results for direct stiffness are somewhat
less clear, but do point to a general increase with applied load,
which agrees with the trends seen in Fig. 8.

The series of works by Salehi et al. [28,29] provides curve fits
that indicate rates of damping decrease of approximately 1/x'?
and 1/f13 for partial arc assemblies. These rates are higher than
both the model predictions and equivalent Coulomb damping, but
do lend some support to the general characteristics predicted by
the simple bump model. This work, like most of the previous
works, also is based on constant amplitude excitation rather than
constant force excitation as in the parametric studies presented
previously. These works generally conclude that damping in-
creases as the ratio of static to dynamic load increases. The simple
bump model’s agreement with this general trend is most clearly
shown in the first term of Eq. (10). For the range of coefficients
considered, this is the dominant term. Thus, for constant excita-
tion amplitude (“x” in Eq. (10)), the simple bump predicts a
roughly linear increase in damping with static load.

Summary, Conclusions and Future Work

This work has presented a preliminary evaluation of a simpli-
fied model for bump foil damping. The unique feature of this
model is the explicit inclusion of a load-dependent friction ele-
ment. To develop the model, bump strips with multiple bumps,
each with two friction interfaces, are simplified to a single bump
with a single friction interface. It is argued that this model predicts
behavior that closely resembles the experimental data available
for bump foil strips and foil bearings. A number of parametric
studies of the behavior of this model are presented. Significantly,
they suggest that there may be an optimum level of friction/
displacement coupling in a bump foil system for a given bump
configuration.

It is argued that the model more nearly meets criteria 1, 3, and
4 for a “good model,” as presented in the Introduction, than Cou-
lomb friction. The limit cycle criterion is not examined and is an
issue for future work. However, if it is postulated that the root
cause of the limit cycles is destabilizing cross-coupled stiffness
arising from hydrodynamic effects, it seems likely that the model
will predict a limit cycle. The argument would be that the subsyn-
chronous amplitudes must grow to a point where the friction ele-
ment becomes active, then to a point where the friction element
provides adequate damping to dissipate the energy from the cross-
coupled force.

Future work to more fully evaluate the usefulness of the model
includes careful experimental evaluation of the dynamic charac-
teristics of a single bump, addressing the limit cycle question, as
well as attempting to rigorously establish the boundedness of the
model near resonance. Additional efforts are also required to in-
tegrate this model into a more comprehensive foil bearing analy-
sis.

The very good agreement between the bump strip data, as well
as the qualitative similarity to foil bearing responses, suggest the
simple, three parameter model is capturing much of the essence of
a bump foil’s dynamic characteristics. Thus, inclusion of the load
dependence of the bump foil friction provides a route to improve
bump foil dynamic predictions.
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Nomenclature
C.q = equivalent linear damping
F,; = Coulomb friction force
FO = static force
F?, F j = force cosine and sine harmonic amplitudes
K = spring stiffness

M.m = mass

R = frequency domain residual

X0 = static displacement

X;, X; = displacement cosine and sine harmonic
amplitudes
Z = frequency domain inertia force matrix
a = dummy constant of proportionality
f = generic applied force, applied dynamic force
i = difference equation time step

g() = nonlinear force
x = response amplitude
x; = overall response amplitude
x, = friction element response amplitude
® = excitation frequency

yu = friction coefficient multiplied by coupling
coefficient
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